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SONUS

This thesis is concerned with the feedback control of a turbocharged 

automotive diesel engine with variable geometry turbine. To this end 

frequency response testing has been carried out on such an engine over 

much of its operating range. Both fuel rack position and turbine inlet 

area were perturbed and the responses of engine speed, output shaft 

torque, turbine inlet tenperature and exhaust opacity measured. Ttie 

interpretation of these responses is discussed and the time constants 

conpared with predicted values. A dynamic mean effective pressure 

(d.m.e.p.) is derived from the speed and output shaft torque responses 

allowing the dynamic response of the effective engine torque to be 

examined in greater detail than previously achieved. From the d.m.e.p. 

response, values of the torque delay have been determined 

experimentally and were found to compare well with expected values when 

sampling of the rack position by the fuel injection punp occurs at the 

end of injection. Dynamic exhaust opacity is related to the dynamic 

trapped air-fuel ratio.

The choice of engine outputs to be used as control variables is 

discussed, and the stability of the engine is analysed when feedback 

loops are applied to control engine speed and either boost pressure or 

trapped air-fuel ratio. Interaction is small when boost is controlled, 

and improves the stability margin; when air-fuel ratio is the second 

controlled variable the effect of interaction is greater and is 

detrimental to the stability margins.

A digital controller to control such an engine has been designed and 

implemented onto the engine. TTiis provides feedback control of speed
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and air-fuel ratio (within the range allowed by the turndown ratio of 

the turbine inlet area); scaling is used to avoid singularity in the 

system steady state gain matrix and a preconpensator, whose terms vary 

with the operating point of the engine, is used to reduce the effect of 

interaction.



G transfer function matrix (MIMO systems)

G(0) steady state gain matrix (MIMO systems)

i.m.e.p. indicated mean effective pressure 

Ig moment of inertia of crankshaft and flywheel
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moment of inertia of crankshaft, flywheel, 
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IDI indirect injection
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j imaginary operator (square root of -1)
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Lp pumping loss torque
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ma air mass flow rate
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M torque pulse
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l. introduction

Both feedback control and turbocharging have been with us, at least in 

concept, for some time. The widespread use of feedback control 

probably began nearly 200 years ago when James Watt adapted the 

centrifugal flyweight device to operate a valve so as to adjust the 

torque of his beam engines and hence automatically control their speed 

(1).

The turbocharger was first proposed, early this century, by Dr. Buchi 

(2) who, later, went on to demonstrate its working on an engine. The 

diesel engine required the development of the liquid fuel injection 

puirp before it became viable in the 1930's as an economical and 

reliable power unit for road transport. Turbocharging, although 

ideally suited to the diesel engine, had to await developments in 

materials before the turbocharger became sufficiently small, cheap and 

reliable to be a serious proposition for road transport power units; 

this occurred in the 1960's.

Nowadays turbocharging is standard on diesel engines of medium speed 

and larger, and is widespread on automotive direct injection diesels 

(i.e. of greater than about 100 b.h.p.) Apart from increasing the 

power per unit weight and per unit cost, a well-matched turbocharger 

gives improved brake specific fuel consumption (b.s.f.c.) over a large 

part of the engine operating range. This is a result of a reduction in 

the percentage of i.m.e.p. lost to friction, a reduction in pumping 

losses, and an increase in combustion efficiency at higher b.m.e.p.'s 

due to the higher trapped air-fuel ratios. In addition, combustion
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noise and steady state smoke are reduced, and torque back-up can be 

increased to alio? the use of gearboxes with fewer gear ratios.

There are two main problems associated with turbocharging the 

automotive diesel; first is the inherent mismatch between the delivery 

characteristics of the rotodynamic turbocharger and the boost 

requirements of the metered flew through the engine cylinders. To a 

first approximation the compressor delivery pressure and mass flow are 

both proportional to turbocharger speed which is roughly proportional 

to engine power. The engine, however, requires a boost pressure that 

is proportional to torque but not to engine speed. The result is that at 

high engine speeds the turbocharger tends to provide unnecessarily high 

boost pressure and back pressure, while at low engine speeds 

insufficient boost is available to give the desired engine torque. As 

a result the full-load speed range of the engine may have to be 

limited, and the torque available for starting the vehicle from rest is 

generally poor.

The second main problem is related to the large changes in angular 

momentum required of the turbocharger rotor in conparison with the 

accelerating torque available. Since the turbocharger does not 

accelerate quickly enough to provide the boost pressure required by the 

engine during acceleration, the fuelling has to be cut back to avoid 

heavy smoke emissions and this results in poor vehicle acceleration. In 

engines of very high b.m.e.p., fuel limiting may be necessary to avoid 

stalling. Fuel delivery is limited during transients either by 'boost 

control' (where boost pressure is used to move the fuel rack stop) or 

by 'puff-limiting' (where a dashpot limits the rate of change of rack 

position). A substantial improvement in both problem areas can be
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provided if it is possible to vary the inlet area to the turbocharger 

turbine (3,4). Reducing the area at low engine speeds and during 

acceleration raises the mean pressures in the exhaust manifold(s), 

substantially increasing the turbine torque available. This increases 

the boost available at low engine speeds and improves the acceleration 

of the turbocharger during transients. However, the greater back 

pressure seen by the cylinder adversely affects the pumping losses and 

depending on the extent of valve overlap, the proportion of residual 

gases left in the cylinder at exhaust valve closing. At low speeds and 

under load, these losses are more than offset by the increased inlet 

manifold pressures resulting from the raised turbocharger speed since 

pumping losses are moderated and combustion is substantially improved 

by the increase in trapped air-fuel ratio. The observed result is a 

significant increase in the torque that can.be used without exceeding 

smoke limits.

At part load, and at full speed and maximum load, the extra air-fuel 

ratio is of no benefit since the ratio is already close to or greater 

than the optimum value for fuel consumption - normally about 30:1 (5). 

Under these conditions the turbine inlet area needs to be increased.

Typically the maximum inlet area will be chosen to be greater than that 

of a fixed geometry turbine matched to the engine for the same duty; 

this means that peak turbocharger speed is reduced and the fuel economy 

at rated output may be improved. If, alternatively, the maximum Atis 

kept similar to that of the fixed geometry turbine then the whole of 

the variable geometry turndown ratio (Atmax/Atmin) can be used to 

improve low speed torque and acceleration. This may be useful since
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the turndown ratio achievable at present is 4:1 or 5:1. A typical 

desired scheduling of A tunder steady state conditions is shown in 

figure 1.1.

One means of controlling an engine with a variable area turbocharger is 

to use sinple feedback of the boost pressure to control Atso as to 

attempt to maintain a fixed inlet manifold pressure. In its simplest 

form this means that, at low loads, minimum turbine area is used giving 

unnecessarily high air-fuel ratios and poor fuel economy. However in 

applications where part load operation constitutes only a small part of 

the engine's duty, such a control scheme would seem to provide a 

simple, cost-effective solution. This is particularly the case where 

transient response is important, since this approach ensures that high 

turbocharger speed and boost pressure are available at part load, ready 

for any sudden increase in fuelling.

Where part load efficiency is significant, e.g. in rail traction and 

some automotive duties, maximum Atmust be used during steady state 

running at part load. This may be achieved by:

a) scheduling Ataccording to speed and fuelling

b) using feedback control of boost, but varying the 

desired boost according to fuelling level.

c) using feedback control of air-fuel ratio.

None of these is easy to achieve under mechanical/pneumatic control and 

probably requires analogue electronic, or microprocessor-based digital 

control. As the complexity of control required increases so digital 

control becomes more attractive; and as the manufacturing costs of 

digital hardware continue to fall, so too does the degree of complexity
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at which it becomes economically viable to use full microprocessor 

control. Once digital control is justified in financial terms, 

considerable improvements in engine diagnostics and complexity of 

control scheduling become available at little extra cost. In fact self­

tuning control can then be used to tune the control parameters for 

optimum performance, compensating automatically for variations in 

ambient conditions, altitude, and engine behaviour (including the 

effects of friction and wear).

oc
Micropr^essor based control is already widely applied to spark-ignition 

engines and, as a result, considerable progress has already been 

achieved in the development of low cost, accurate and reliable 

sensors, actuators, integrated circuits and the associated leads and 

connectors.

With increasing demands for lower fuel consumption, better starting and 

increasingly strict emissions and noise regulations, it is almost 

certain that the more complex engines, or rather power systems, of the 

future will have full digital control.

Although feedback control of speed in automotive diesels normally 

occurs only at low and high speed idles, the increasing use of cruise 

control, including maximum speed limiters, will increase the demand for 

feedback control of speed. In addition, compound engines, and engines 

coupled with continuously variable transmissions (CVT) will require 

more complex control systems.

Meanwhile, there is a need for increased complexity, e.g. in the use of
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variable geometry (VG) turbochargers, without the need to completely 

change the engine control system. The ability to add a \A3 turbocharger 

having a self-contained control system, and not reguiring connection 

into the speed governor greatly increases the acceptability of the 

development to engine manufacturers and operators alike and allows for 

simple fitting to engines already in service.

In control terms all these systems are multi-input multi-output (MIMO). 

In order to predict steady state accuracy and feedback control 

stability, it is necessary to consider all the transfer functions 

between different input and output combinations. This also enables the 

correct choice to be made of output variable, or combination of 

outputs, by which to control each system input. The use of feedforward 

control avoids feedback instability that may result from the cross­

coupling (or interactive) terms; knowledge of the interactions is still 

necessary in order to keep steady state errors in the system outputs 

within desired limits. This is the field of multivariable control 

theory and in the past fifteen years relatively simple methods have 

been developed for analysing and designing controls for such systems.

The work presented here considers the choice of control parameters to 

use, then examines the stability of the control system when an 

automotive diesel engine with VG turbocharger has feedback control of 

boost pressure or air-fuel ratio. First the dynamic behaviour of such 

an engine is measured and analysed; then its stability under different 

forms of feedback control is examined. Finally, a digital controller 

employing multivariable precompensation, is designed and applied to 

such an engine.
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It is the thesis of the author that feedback control of boost pressure 

in a turbocharged, automotive, diesel engine with VG turbine is 

possible without multivariable precompensation, but that the same may 

not be assumed to be true when air-fuel ratio is to be controlled or in 

larger engines employing longer valve overlap periods, or spark ignited 

engines where the power is controlled by throttling.
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2. LITCRRTORE SURVEY

2.1 Historical Overview

The basic principles of engine speed governing were laid out by Maxwell 

in 1868 (6) and extended by Routh (7) in 1877. Further development of 

feedback (or automatic) control theory did not come until the 1930's 

and 1940's when Nyquist (8) and Bode (9) published their papers.

Further application of this theory to the diesel engine came in the 

1950's, in Germany first with the publication of papers by Benz (10) 

and Welbourn and Alien-Williams (11), although Bujak (12) had produced 

a paper in England as early as 1945, but he died before he was able to 

explain his ideas more clearly (13). Otherwise the first publications 

in English were by Oldenburger (14) in the United States in 1958 and 

Welbourn et al (15) in the United Kingdom in 1959.

Oldenburger had been working in the field for some years previously 

without being permitted to publish his findings (13). Further papers 

followed from Taylor (16) and Benz (17, 18). Welbourn et al explained 

and solved many of the instability problems being experienced with 

diesel engines at the time. They recognised the sampled nature of the 

diesel fuel injection process but the application of sampled data 

theory to the diesel engine came with Bowns (19) and the team including 

Windett and Flower at Sussex (20, 21) in the early 1970's.

In the early and middle seventies, with the widespread use of digital 

corputation, simulations of the diesel engine process began to appear 

that could be used for identifying transient behaviour. Initially these

8
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were quasi steady state models (22, 23), which assumed that steady 

state characteristics were valid during engine transients. Later, 

filling and enptying models began to appear (24, 25), which treated the 

dynamics more accurately by allowing for the accumulation of gases in 

volumes. With care these could account for most non-steady effects 

and they began to be used to obtain transfer functions (26, 27), or 

simply to test different control strategies (28). In this manner,

Aldren (27) obtained transfer functions for a turbocharged diesel 

engine with variable geometry turbine.

Also in the mid-1970's as a result of the advances in integrated 

circuit manufacture and due to the pressure of strict emissions and 

fuel economy legislation, mainly in the U.S.A., digital electronic 

control began to be applied to spark ignition engines. Initially this 

was sinply to schedule spark timing as a function of engine operating 

point, but later it also included feedback control of air-fuel ratio, 

and now includes feedback control of timing to avoid knock. Feedback 

optimisation of timing to give optimum fuel economy and power (by means 

of timing dither) has been shown to work (29) and is beginning to be 

used in engine management systems.

In addition to the frequency response work carried out by Welbourn et 

al (15), Bowns (19) and Flower et al (21, 30), experimental frequency 

response measurements made on Diesel engines have been published by 

Ihiruarooran (26) and Sawa and Hori (31). Flower et al (32) have 

analysed the effects of engine sampling and analyser sampling on 

measured frequency responses on engines.
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Pseudo random binary sequences (PRBS) have been used to estimate the 

frequency responses of diesels (33, 26) and of an automotive gas 

turbine (34). Flower et al (35) have investigated the experimental 

techniques required to obtain repeatable results from PPBP testing of 

diesel engines.

With the past few years advances in electronics and digital control 

have begun to be applied to diesel engines mainly to inprove the 

accuracy of the fuel injection process (36 - 41).

Pipho and Kittleson have demonstrated closed loop digital control of 

diesel injection timing (42) and Zanker and Wellstead demonstrated a 

self-tuning diesel controller, albeit with retuning times that were too 

long for automotive use (43).

*

2.2 Classical Control Theory Applied To Diesel Engines

Welbourn et al (15) applied to the diesel engine the 'modern' (now 

classical) control theory, developed by Nyquist (8) and Bode (9) from 

the foundation laid in the last century by Clerk Maxwell (6) and Routh 
(7). They analysed the engine/governor feedback loop, and by means of 

frequency response measurements were able to diagnose and cure speed 

instabilities (hunting) that were due, in part, to governor 

characteristics and, in part, to fuel injection system limitations at 

part load, low speed operation. Welbourn's approach was to identify 

the various contributions to phase lag in the forward path of the speed 

feedback loop and then reduce the phase lag where possible.
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It was found that the performance of the flyweight-type governor 

depended on the damping ratio, which varied considerably with the 

number of hours run, and with slight variations in manufacturing and 

assembly technique. The damping ratio was found to vary between 40 and 

10 and much of the danping was due to stiction.

The function of the flyweights is not only to sense speed but also to 

provide the force to move the fuel pump rack; if the governor gearing 

is changed to increase the speed of the flyweights (to increase the 

force available), the effects of coulomb friction and stiction are 

greatly increased and may cause instability. In hydraulic governors 

the two functions are separate and considerable force is available, by 

means of hydraulic actuation, to overcome any stiction effects. As a 

consequence the danping and the phase lags.that result are considerably 

reduced.

Wfelbourn et al mention that a load in which the torque increases with 

engine speed (e.g. resistance to motion in vehicles or ships) can 

stabilise an otherwise unstable engine. E.g. where

Tj a (n > 0, and psp. n > 1)

With such load characteristics the stiffness of the system increases 

with speed, and this contributes to the difficulty of obtaining 

satisfactory governing at low speed. They showed that a moderate 

increase of the speed 'droop' (by reducing the governor gain) does 

improve stability, but increasing inertia does not necessarily improve 

it.
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From their frequency responses they estimated the time response to step 

load changes and found reasonable agreement with measured results.

They suggest derivative control to minimise the transient speed droop 

resulting from step load changes (as Clerk Maxwell had analysed 

earlier), and imply that this is best achieved by sensing the load.

Webb and Janota (44) shewed experimentally the improvement in speed 

droop that can be obtained by including a term proportional to load in 

the governor action. This is a feed-forward term and not derivative 

feedback action, but although Webb and Janota do not mention it, these 

two features have a similar effect since, where the transmission is 

stiff, the load change is inversely proportional to the initial angular 

acceleration. Load sensing avoids the problems of noise amplification 

associated with differentiating the speed signal, as well as avoidinq 

any phase lag resulting from torsional flexibility in the transmission. 

Webb and Janota reduced the speed excursion by a factor of four (to 4H 

maximum) in experiments on a small petrol and a small diesel engine.

Blair (45), also by means of load feedforward, controlled the speed of 

a small petrol-driven generating set to +1%.

2.3 The Torque Delay of a Diesel Engine and the Sampled Nature of 

Diesel Combustion

Welbourn et al found that the phase lag in the engine speed response to 

rack movement increased to beyond the 90 degrees expected of a first 

order system. They concluded that the extra phase lag was due to the 

diesel torque delay. This is the time delay between the sampling of the
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fuel pump rack position and the resulting torque appearing at the 

crankshaft. The delay appeared to be one firing period (120 degrees CA 

for their six cylinder, four-stroke engine) and they suggested that it 

comprised two parts:

1. a finite time delay equal to half the firing period.

2. a delay due to inperfect combustion and/or fuel delivery.

They do not elaborate on these two statements, and in their transfer 

functions they approximate the delay by a first order laa term.

The suggestion that the firing delay approximates one firing period has

been used subsequently by others (46) and gives a correct order of 

magnitude for the delay in engines of six to eight cylinders (assuming 

four-stroke cycle and even firing).

Gant (47) suggests that the torque delay is 90 degrees CA plus one 

firing period, giving a total of 210 degrees CA for a six cylinder

engine, and he admits this is conservative (48). It does give an upper

bound that is useful in determing safe controller parameter values. 

Garvey (41) suggests that the delay is somewhere between 90 degrees CA 

and the value suggested by Gant.

Bowns (19) separated the delay into a switching delay (corresponding to 

the delay between rack position sampling and TDC), and then a zero 

order hold over the following firing period. This approximates the 

torque pulse to a torque of constant magnitude acting from TDC (top 

dead centre) until the next cylinder reaches TDC (see figure 2.1.(a)).
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He discussed the exact timing of the sampling of the fuel rack position 

during the injection process. By reference to work by Eckert and 

Gauger (49) who had shown that resistance to the rotation of the 

injection pump plungers increased substantially as a result of the 

increase in cam loading during the injection process, he reasoned that 

the sampling point would vary with the actuating force available to 

move the fuel pump rack. With mechanical governors, lock-up would be 

likely to occur and sampling would therefore take place soon after the 

closing of the spill port (at the start of injection), whereas with 

hydraulic governors sufficient force would be available to prevent 

lock-up, in which case sampling would occur at the point of spill port 

reopening (i.e. at the end of injection). In this case the sampling 

point, and hence the torque delay, vary with engine load and speed.

Bcwns pointed out that the control is not continuous, since the engine 

has no knowledge of the rack position except at the sampling instants. 

To take account of this ideally requires the application of sampled 

data theory and the concept of zero order hold.

Hazell and Flower (20) continued the analysis in terms of sampled data 

theory. They assumed that the hold started at the point of sampling and 

allowed for overlap of the torque into the following sample period. In 

this way they were better able to take account of the effect of the 

number of cylinders on the engine torque response. They suggested that 

only the 4 cylinder engine could be correctly modelled by a zero order 

hold, while the 6-cylinder required partial overlap and the 8-cylinder 

full overlap of torque into the second sanple period. See figure 2.1 

(c), (d) and (e). For these last two cases they proposed the names
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'partial first order hold' and 'first order hold', terms which, 

strictly speaking, are not correct since there is no memory of the rate 

of change of the torque.

Their model suggests that the 6-cylinder torque diagram is not as 
smooth as that of the 4-cylinder or 8-cylinder engines; in practice the 

output torque becomes smoother as the number of (evenly firinq) 

cylinders increases. Hcvever, because of the relatively large rotating 

inertia involved, these errors in modeling the variations in torque are 

negligible in their effect.

Bowns' transfer function for his model with switching delay and zero 

order hold is as follows:-

nF a nTs i T,:1 -  o u

x f ) *  t i S

where T is the sample period (firing period) 

aT is the switching delay

t. is the time constant in the transfer function between torque 

and speed

k is the gain in the transfer function between torque and 

speed.

Transforming to the z-domain, and ignoring the switching delay gives:

C(z) =• kfl-z"1) f  *  ]
i  i T , h  11  - f '  1

l r  l J T/t i7 - o  '

1 - T/t,

-T/ti

r *T.L> - e ].



16

Bowns recognised that this ignores the randan delay (of up to one 

firing period) which occurs when a step change in input is not 

synchronised with the sampling point. He also pointed out that 

conventional sampled data theory applies to situations where the 

sanpling rate is constant, whereas, in engine applications the sanpling 

rate may vary widely, since it is directly related to the engine speed. 

Flower et al (32) found that a 10% variation in sanpling rate did not 

have a significant effect on the results. Balestrino et al (50) 

developed a global model allowing for the variation in sampling rate, 

by relating the control variable to degrees CA. Local discrete models 

could be obtained from the global model. The model contained a 

complicated relationship between injection period and torque pulse 

period.

The Hazel1 and Flower (20) torque pulse has the form

M(s) = U 1 - p -Ts + b 1 - -cTs -Ts

(2.1)

where k is the gain

T is the sample period 

and for 4-cylinder engines, b - c » 0
for 6-cylinder engines, b - c * 0.5 
for 8-cylinder engines, b ■ c ■ 1.0

These cases are illustrated in figure 2.1 (c), (d), and (e).

Hazell and Flower determine the stability criterion for a speed 

feedback loop having a sampler and torque pulse transfer function of 

the above form. A solution requires that all the periodic terms (the
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sidebands in the frequency response that result from the sampling 

action) be ignored. This assumption is reasonable, given the inertia 

of the engine and load; if the system time constants are large compared 

with the sampling time then the solution (for instability) simplifies 

to:-

M(jw) G(jw) = -T

or G*(jw) * 1. M (jw) G (jw) = -1 
T

where G(jw) is the response of the shaft speed to the torque, and M(jw) 

is equivalent to M(s) of equation 2.1 during frequency response 
testing.

They showed that little error resulted if the diesel torque delay were 

represented by a pure time delay alone at frequencies up to one sixth 

the sampling (firing) frequency. For a 6-cylinder engine running at 
500 rev/min they showed that above 2 Hz the measured output frequency 

response may include a contribution of more than 10% from the first 
lower sideband and, for this inportant frequency range, they maintain 

that correct frequency response measurements reauire the use of 

discrete control techniques (see section 2.4).

The sidebands result from the sampling process (see figure 2.2) and 

cause greatest problems near half sampling frequency. In real systems 

sidebands other than the first can normally be neglected because of the 

attenuation of these frequencies by the system under investigation.
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2.4. Frequency Response Testing of Diesel Engines

Bcwns' (19) experimental results showed considerable scatter at 

frequencies greater than a fifth of the sampling frequency; Hazell and 

Flower (21) suggested this was due to the random phasing of the 

transfer function analyser's correlation period relative to the 

injection sampling instants. Flower et al (32) analysed the errors 

involved in using the correlation method to obtain frequency responses 

of sampled data systems and showed that if the start of the correlation 

period is not simultaneous with a sampling instant of the injection 

punp fuel rack position, scatter results and is worst at a test 

frequency equal to half the firing frequency. Synchronising the two and 

increasing the integration period improved repeatability.

They implemented a device to achieve synchronisation (to within 

practical limits of accuracy) and Windett and Flower (30) published 

frequency responses obtained with a 6-cylinder, medium-speed engine 
running at 600-720 rev/min. The results indicated that synchronisation 

was not required at frequencies below a quarter the firing freauency, 

and that as the test frequency approached half sampling frequency 

integration periods of at least 100 test cycles were necessary to 
minimise noise and sideband effects.

Their results show a gain slope in the speed response of 20 db/decade 

at 600 rev/min, and 17.5 to 18.5 db/decade at 720 rev/min, depending on 

engine load.
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Bowns (19) found that frequency entrainment can occur when sampling 

rate is equal to the test frequency; the engine speed can become locked 

into the test cycle frequency in such a way that any change in speed is 

counteracted by a corrective change in fuelling. Similar effects may 

occur at test frequencies that are sub-multiples of the firing 

frequency.

Thiruarooran (26) obtained frequency responses of engine speed to 

perturbation of the rack position using white noise, band-limited at 5 

Hz. This was for a 6-cylinder, turbocharged, 11 litre diesel engine. 

Although there is less confidence in the accuracy of his results at low 

frequency they do represent the response of an almost pure integrator. 

This can be attributed to the almost flat load characteristic (51) of 

the Heenan and Froude F-type dynamometer he used. What variation of 

load there is with speed, coupled with the variations in engine 

efficiency and fuelling with speed, will determine whether the large 

time constant is positive (stable) or negative (unstable). Because of 

the dynamometer load characteristic, Thiruarooran had to carry out his 

tests in closed loop mode (i.e. with the engine speed stabilised by a 

governor); the open loop responses were then extracted using estimated 

governor responses. His measurements were made at light load and low 

engine speed (3 operating points). He also carried out PRBS and square 

wave testing at 5 operating points, including high load and high speed.

The closed loop responses show a resonance at 3.5-4 Hz reflecting the 

second order (spring-mass-damper) response of the governor. However, in 

extracting the engine open loop response, he assumed a first order 

response for the governor. While incorrect, this will not seriously
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affect the derived open loop response at low frequencies. From these 

frequency responses, and ignoring non-linear effects, he predicted with 

reasonable success the response to small step changes in rack position. 

However, at low speed high load (where air-fuel ratio is low and engine 

torque is most dependent on turbocharger response) the prediction was 

less accurate, indicating substantial non-linearity in the engine 

behaviour under these conditions. Under all other conditions he found 

engine response was dominated by the total rotating inertia, so that it 

was difficult to measure turbocharger dynamics from the engine speed 

responses.

The time constants in the engine transfer function varied little with 

mean torque; the gain increased with increase in engine speed and with 

decrease in mean torque.

Sawa and Hori (31) obtained engine speed frequency responses on three, 

small IDI diesels and one petrol engine. They perturbed the fuel and 

load settings and examined the speed respones at various mean loads and 

speeds, with different coolant temperatures and amplitudes of 

perturbation. They observed two break points in these responses, the 

first of which they attributed to the rotational inertia. The second, 

with a time constant of 0.2 - 0.6 seconds, they called the torque 
transfer time constant and suggested that it was related to the thermal 

inertia of the cylinder walls (which, in turn, affects the mechanical 

friction). Although the combustion chamber wall tenperatures will have 

a more significant effect in IDI than in DI engines, it seems unlikely 

that this would cause a full first order lag effect in the frequency 

response. Had they been able to continue their tests beyond the maximum
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1.6 Hz frequency they report, the results would make this clearer.

Their maximum frequency was probably limited by the mechanical linkage 

they used to generate sine wave input perturbations; the radius arm and 

connecting rod mechanism would also generate significant second 

harmonics which they fail to mention. They also ignored time delays and 

sampling delays, but probably this is reasonable at their low test 

frequencies and high engine speed.

Chang and Sell (52) carried out frequency response measurements of 

output shaft torque and exhaust CO concentration in a 5.7 litre, 

normally-aspirated, spark ignition engine. They perturbed throttle 

position while keeping fuelling constant, then perturbed fuelling while 

keeping throttle position fixed, at 600, 1200 and 1800 rev/min engine 
speed. They were able to predict the time constant in the torque 

response and the time delay in the CO concentration response. Although 

they did not recognise it, their results show that the time delay in 

the response of shaft torque to throttle position is composed of a 

fixed part (roughly equal to the delay between IVC and torque pulse 

median timing), and a small part that increases in proportion to engine 

speed and is related to the filling of the cylinder from the inlet 

manifold; see table 2.1 and figure 2.3. They found that the 

transmission of CO concentration through the exhaust pipe had a second 

order transfer function, probably the result of wave action in the 

exhaust system.

They found that the shaft torque time constant was longer when the 

fuelling was perturbed than when the throttle position was perturbed. 

The latter case may be more representative of the process occurring in
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diesel engines since the dynamics of wall-wetting are involved less. 

However, both tests will be affected by combustion saturation whenever 

the cyclically varying air-fuel ratio drops below stoichiometric, and 

therefore cannot be compared directly with the results for diesel 

engines.

2.5 Transient Behaviour of Turbocharged Diesel Engines

Marzouk and Watson (53) measured the step load responses of an 

automotive and a medium-speed diesel engine and compared them with 

results predicted using a filling-and-emptying model. The model took 

account of the thermal inertias of the cylinder walls and exhaust 

manifold.

The response of the medium speed engine was improved by reducing the 

valve overlap period so as to avoid substantial reverse scavenge flow. 

Increasing the flywheel inertia reduced the speed droop but increased 

total recovery time. Pulse turbocharging gave better transient response 

than constant pressure turbocharging, due to shorter exhaust manifold 

time constants and improved mean turbine efficiency during the 

transients. They suggested that transient air-fuel ratios could fall to 

stoichiometric without detriment to the speed recovery; boost control 

was used to avoid over-rich air-fuel ratios in order to minimise the 

speed recovery time. The b.m.e.p. developed by the automotive engine 

coring transients however was smoke-limited, and boost control was used 

to maintain an approximate minimum air-fuel ratio which, in this 

application, was some way to the lean side of stoichiometric, so that



transient response was compromised. (Watson (54) shows how this 

deterioration in transient response becomes worse as the rating, or 

maximum b.m.e.p., of the engine increases). Their results indicated 

that cylinder pressure diagrams responded rapidly to changes in 

fuelling; they concluded that with pulse turbocharging the turbine 

torque also responds quickly to a change in fuelling, the delay in 

boost pressure being dominated by the response of the relatively high 

inertia of the turbocharger rotor relative to the turbine torque. Their 

model predicts that halving the turbocharger inertia reduces the rise 

time by a factor of three, the maximum droop by 60% and the recovery 

time by 50%. The model indicated that inlet manifold design had little 

effect on transient performance, provided any charge air cooler was 

mounted close to the inlet ports. Exhaust manifold design had more 

effect, presumably due to heat loss through the manifold walls and to 

attenuation of the pressure pulses in the manifold (likely to be 

overpredicted in a filling-and-emptying model).

Watson (28) also uses a simplified filling-and-emptying model to 

investigate the control of diesel engines. His model allowed for the 

response of the cylinder wall temperatures, since neglecting this 

effect can lead to errors of 2-3% in the air mass trapped during 

transients. This effect means that a normal boost control device allows 

the air-fuel ratio to become richer during transients than at steady
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state.
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2.5.1. Friction and Combustion during Transients

Marzouk and Watson (53) did not allow for variations in f.m.e.p. during 

transients. They assume that their formula for calculating f.m.e.p. 

based on engine speed and peak cylinder pressure will hold true 

provided the peak cylinder pressure is correctly predicted. They do not 

mention transient effects on punping losses, or the effect of wall 

tenperatures on thermal efficiency, but both effects should be 

automatically calculated by their program.

Winterbone and Tennant (55) addressed the problem by first measuring 

carefully the steady state f.m.e.p. by Willans lines, by motoring tests 

and by subtracting measured b.m.e.p. from calculated i.m.e.p.. 

Correlating the f.m.e.p. with speed and peak cylinder pressure 

indicated a smaller constant term and smaller speed term than had been 

found in previous equations for f.m.e.p.. Moving to the transient 

case, they first investigated the variation in combustion coefficients 

required to adapt their Whitehouse-Way (56) single zone combustion 

model to accurately follow the cylinder pressure diagrams measured 

during transients. They calculated transient f.m.e.p. by subtracting 

from the calculated i.m.e.p.'s the instantaneous acceleration and brake 

m.e.p.'s (values averaged over one cycle). The results led them to 

conclude that, during the initial response to a step change in 

fuelling, f.m.e.p. reached values up to 50% higher than the steady 

state equation would predict from the corresponding instantaneous speed 

and cylinder pressure values.
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Watson (54) again assumes that f.m.e.p. during tansients can be 

calculated using equations based on steady state data, but admits that 

the difference in cylinder temperatures between the two cases will 

affect the friction during transients. Using a filling-and-emptying 

model he investigated the effect of increasing the f.m.e.p. during 

transients and found that a 20% increase affected the response time and 
that a 50% increase stalled the engine - a highly rated engine 

undergoing a step change from 30% to 70% load. Later, Watson (28) used 

the steady state f.m.e.p. equation but incorporated a simple means of 

allowing for the effect of oil temperature on f.m.e.p..

2.5.2. Transient Smoke

O'Neill (57) plotted the exhaust opacity under steady state conditions 

against air-fuel ratio on a log-log scale and obtained a straight line 

for a normally aspirated truck-size engine. This indicated that:

-O or
S a (AFR'

He then measured instantaneous smoke and air-fuel ratios for a 

turbocharged engine of similar size and type, undergoing large step 

changes in load at different mean speeds. Adding these results to the 

same log-log plot he found that they fell onto the same straight line 

except at smoke values below 20% opacity. Differences might be 

accounted for by the increased proportion of fuel burning as a 

diffusion flame in the turbocharged engine. Using these results he then 

predicted the smoke produced by the same engine during a step change in 

load and obtained good results, although the recovery of the exhaust 

opacity at the end of the transient was slower than predicted from the
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instantaneous air-fuel ratios.

Watson (28) also assumed smoke was proportional to a power of the air- 

fuel ratio in his simplified engine model for use in developing control 

systems. He also included terms allowing for the effect of engine speed 

and the proportion of fuel burning as a diffusion flame. TTie transient 

predictions are very similar to those of O'Neill, with the period of 

heavy smoke predicted well, but with too fast a recovery at the end of 

the transient.

2.6 Evaluation of Turbocharged Diesel Engine Transfer Functions

Windett and Flcwer (30) reported some frequency response measurements 

on a medium speed (720 rev/min) engine with single-stage turbocharging 

and charge cooling. The speed responses have slopes generally between 

17.5 and 20 db/decade. One turbocharger speed response is shown, having 

a scope of 17 db/decade. The maximum load enployed (8.5 bar b.m.e.p.) 

was well below the rating of the engine (12.4 bar b.m.e.p.). Windett 

and Flower did not evaluate the transfer functions, and the engine they 

used is much larger than the automotive type, which is the main subject 

of the present work.

Thiruarooran (26) used his results to plot the variation in steady 

state gain and transfer function pole positions for a turbocharged 

engine over the operating range 1000 - 1800 rev/min, 2-10 bar b.m.e.p. 
He suggested using a self-tuning controller to adapt to these 

variations in transfer function with operating point.
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The only other identification of turbocharged automotive diesel engine 

transfer functions that has been published appears to have been made 

using conputer simulations. In 1977, Aldren (27) used a filling-and- 

emptying model and frequency response correlation methods to determine 

the transfer functions of an 11 litre turbocharged diesel engine with 
variable geometry turbine. To achieve stability he included a governor 

model of 2.2 Hz resonant frequency, and extracted open loop responses 

from the closed loop results that he obtained. He suggested there were 

three important time delays;

i. Between compressor delivery and inlet valve,

ii. Between exhaust value and turbine inlet,

iii. Between fuel sampling and the resulting torque pulse.

Item (iii) is the torque delay discussed earlier; (i) should really be 

considered as a first order lag rather than a time delay, and (ii), is 

partly a transport delay, (due to the finite velocity of pressure 

waves) and partly a first order lag (due to the f illing-and-enptying of 

the exhaust manifold volume). He suggests that the boost pressure 

response to turbine area is a pure integrator; but his lowest test 

frequency was only 0.3 Hz, and even at this frequency his measured 

phase lag was 50 degrees, much less than the 90 degrees of a pure 

integrator.

He suggests the following transfer functions for the engine running at 

1400 rev/min, 4 bar b.m.e.p.;
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Hoff-Clausen (58) obtained the following transfer function for the 

speed response to rack motion; again using a filling and enptying 

model.

uf _ 45.5 n -*o .i«0 'i*o .o7 sv0‘ 0,1s
1J * n * 0 .  IDsOl 1 «0.05-0

While this expression no doubt fits his data, its form does not aid the 

physical interpretation of the response. Its basic form is that of an 

integrator implying either, that the dynamometer load did not vary with 

speed, or, that his minimum test frequencies were not sufficiently low. 

He mentions that the constants in the transfer function vary with 

engine operating point.

2.7 Multivariable Control of I.C. Engine Systems.

Ledger et al (59) suggested using multivariable principles to design a 

controller for a turbocharged diesel engine fitted with a pelton wheel 

to boost acceleration of the turbocharger during transients. However,
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they found that the flow of oil was difficult to control other than by 

sinply switching it on and off and that little advantage would have 

been gained by controlling it in any other way. Consequently, 

multivariable control theory was unnecessary.

Wallace et al (60) suggested using a 'multivariable' controller to 

avoid feedback instability in their engine systems with continuously 

variable transmissions (and three control variables). They proposed 

either open loop scheduling or hill-climbing methods to optimise the 

performance, but it is not clear whether they envisaged the use of a 

preconpensator matrix or not.

Aldren (27) identified the turbocharged diesel with VG turbine at one 

(part load) operating point. His results, obtained with a filling-and- 

emptying simulation and using engine speed and boost pressure as the 

two controlled variables, indicated that the interaction terms were 

negligible so he applied two control loops without any attempt to 

compensate for the interaction.

Although his plots of the inverse Nyguist arrays indicate negligible 

interaction, there appears to be a large error in the gain of the 

response of s^ee J to tu rb in e , area, which should be significantly 

larger. He found it necessary to reduce the feedback gain in the speed 

loop in order to maintain stability at different engine operating 

points. When he looked at using turbine inlet temperature, instead of 

boost pressure, as the second engine output, he found significant 

interaction and designed a preconpensating matrix with constant terms.



Open loop control of gas turbine propulsion plant in ships having 

variable pitch propellors was found to give poor response. Kidd et al 

(61,62) showed that by use of suitable multivariable precoripensation 

feedback control could be applied and gave significant improvements in 

response and plant safety.

Early automotive gas turbines had severe control problems as a result 

of non-minimum phase behaviour. A delay of about one second between 

throttle depression and vehicle response made driving dangerous. 

Winterbone et al (63,64), by analysing and modeling the plant, were 

able to discern the cause of the delay and designed a controller with 

multivariable preconpensation, giving much inproved response. As a 

result of the analysis, the manufacturers chose to change their choice 

of control variables but not to use preconpensation, since this would 

have increased the complexity of setting up the controllers in 

production.

2.8 Electronic Control of Diesel Engines

Recently, electronic control has begun to be used in diesel engined 

cars in order to meet increasingly strict emissions regulations without 

serious loss of fuel economy. Much of the published work concerns open- 

loop scheduling (of injection timing, exhaust gas recirculation etc) 

and protective and diagnostic features (38-40). Feedback may be used in 

minor loops to obtain accurate, fast positioning of actuators but the 

basic strategy remains open-loop which is outside the scope of this

thesis



Garvey (41) considers the sampling rates necessary with digital 

controllers to minimise the reduction in phase margin, assuming a 

design based on classical (continuous) control theory. In his 

experience the phase margin in the speed loop needs to be at least 30 

degrees, since a 25 degree margin causes noticeable ringing.

His analysis indicated that the sampling frequency needs to be 36 times 

the gain crossover frequency if the loss in phase margin is to be held 

to 5 degrees. If the gain crossover margin can he reduced by 30%, the 

sampling frequency can be reduced by a factor of 6. He advocates 

factors between 15 and 36, giving sampling frequencies between 60 and 

144 Hz for a 4 Hz gain crossover frequency.

Pipho and Kittelson (42) applied true feedback control to the injection 

timing of a diesel engine to optimise torque and hence economy. The 

simple algorithm involves dithering the timing either side of the 

nominal setting and then stepping the timing in the direction which 

gives increased engine torque. The system had been developed previously 

by Schweitzer and Collins who had applied it to a spark ignition engine 

(29). A dither frequency of 2 Hz demonstrated the feasibility of the 

system, but for satisfactory response in automotive applications dither 

frequencies of 8 Hz or more will be required, together with a stored 
array of optimum timings under different operating conditions. The loss 

in efficiency due to timing dither (of 5 degrees CA amplitude) averages 

0.5% conpared with that obtained by fixing the timing at the optimum 

value, and NOx emissions are generally affected by 5%. The paper 

makes no mention of interaction between the speed and timing feedback
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Zanker and Wellstead (43) developed a self-tuning controller for an 

automotive diesel engine and ran an engine under its control. Although 

the response time (the retuning time) was too slow for automotive use, 

it demonstrated that with greater microprocessing power such a system 

could become feasible. In fact, since the basic transfer function of 

the engine should be known, self-tuning can be used just to fine-tune 

the model parameters to compensate for changes in ambient conditions, 

altitude, mechanical wear and fuel characteristics.

Considerable benefits in fuel injection pump performance and 

manufacture are also possible through the use of microprocessor 

control. Better cylinder-to-cylinder consistency of fuelling and timing 

can be achieved using cheaper actuators and wider manufacturing 

tolerances (36, 37, 39, 40). Dynamic low speed idle and the cold-start 

and warm-up procedure can be inproved (38).

Further benefits will come in reduced development time for each new 

application of a pump, and greatly reduced inventory of pump types; the 

same hardware can be used in many applications, with the data 

appropriate to the application being programmed into the punp control 

unit before installation onto the engine (40).

Garvey (41) looks at the word length requirements and compares digital 

PI and PID controllers with their analogue equivalents. He concludes 

that, correctly set up, the digital unit will perform as smoothly as 

the analogue units. Removal of derivative action from the algorithm 

greatly reduces the dither of the fuel rack (of 1-4 Hz frequency), 

whose amplitude needs to be kept below .005" (0.5% of fuel rack
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movement) if unacceptable FIE wear is to avoided.

Day and Frank (37) used boost pressure and engine speed signals to 

determine instantaneous, smoke-limited maximum fuel. Mischke and 

Frankie (65) monitored, in addition, the inlet manifold temperature to 

more accurately determine the trapped air mass. They demonstrated 

significantly improved torque curve shape and acceleration by limiting 

maximum fuel according to trapped air-fuel ratio rather than boost 

pressure.

Shiozaki et al (40) used a digital servo algorithm employing a 

switching surface for the feedback control of actuator positions and 

demonstrated fast, stable response.

Trenne and Nowak (66) and Walz et al (39) both report feedback control 

of exhaust gas recirculation, in the latter case to follow a desired 

air-fuel ratio schedule. Neither mentions the question of interaction 

with the speed feedback control.

2.9 Summary

The number of frequency response measurements made on turbocharged 

diesel engines and appearing in the literature is not great, and some 

of this has been obtained using filling-and-emptying simulations. No 

experimental results appear to have been published on the frequency 

response of engines to perturbations of turbine inlet area.

The non-linearity of the turbocharged diesel response has been
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mentioned and in one case the variation in steady state gain and pole 

position, in the speed response, has been plotted against operating 

point. However, the effect of non-linearity on the shape of the 

frequency response plots has not been measured or discussed. The use 

of a diesel controller with gain or preconpensator terms varying 

according to operating point has not been suggested or inplemented.

From results obtained at one operating speed and load using a filling- 

and-enptying simulation, Aldren deduced that the turbocharged diesel 

with VG turbine was diagonally dominant provided boost pressure was 

used as one of the engine output variables. However, his analysis was 

made at one (part load) operating condition only, and involved a large 

error in the value of one of the gains. He did not determine whether 

the interaction between loops improved or impaired the feedback 

stability of the engine.

There is very little in the literature on the use of frequency 

responses to improve the understanding of engine transient behaviour.

In particular there is no mention of the use of frequency response 

measurements to investigate the relationship between smoke and air-fuel 

ratio, or the development of torque/b.m.e.p. under dynamic conditions.

The diesel torque delay has been mentioned in the literature frequently 

and several estimates have been made of its length in terms of engine 

crankangle degrees. Whilst some of these are based on engine speed 

frequency response measurements, the implicit assunption is that all 

phase lag beyond 90 degrees is due to the diesel torque delay. No 

attenpt has been made to relate the phase lag to any other cause.
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3. THBORT

3.1 The Multivariable Control Problem

In multi-input multi-output (MIMO) systems such as that depicted in 

figure 3.1 each system output will, in general, have some response to 

each of the system inputs (or control variables). In applying feedback 

control to the system, it is necessary to assign one particular control 

variable to control each system output; the transfer functions between 

these assigned pairs will be called the 'direct path' transfer function 

and form the diagonal elements, , of the transfer function matrix. 

For a system of n inputs and n outputs:

y l =
* 1 1  * 1 2  . . . . . . . . . . . . . . . . .  * l n U 1

y 2 * 2 1  * 2 2 J 2

V.
1

:  * i i

V
*  n * n l  . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 'nn 1 n

. .

or y G u

where y is the vector of system outputs 

u is the vector of system inputs 

G is the system transfer function matrix.

If the effect of the 'cross-coupling' or 'interaction' terms (the off- 

diagonal terms g^ , where i* j) is ignored it is quite possible to 

choose inappropriate input-output pairs for the direct paths and to end 

up with an unstable sytem, or one with inferior transient response



36

(67).Where the chosen input-output pairs are appropriate, the effects 

of the interaction terms may still cause the system to become unstable 

even though each of the individual feedback loops appears to be stable. 

Finally, it is possible that the system is stable, but that the steady- 

state errors in output values, resulting from interaction, are 

unacceptable.

3.2 Feedback Versus Feedforward Control

Many stability problems may be avoided by dispensing with feedback 

control; the control variable values can be scheduled according to a 

predetermined strategy specifying the values for each system operating 

point. This is termed feedforward control, and there is no manipulation 

of the system inputs to optimise a given output (or combination of 

outputs) or to achieve a particular value of that output. Whilst care 

mist be taken not to introduce feedback loops inadvertently, such 

control generally causes no instability (which would appear as 

oscillations or 'hunting' of the system variables). However, if the 

open loop system is unstable then feedback must be applied in order to 

obtain stable control.

Feedforward control includes, for example, the scheduling of injection 

or spark timing according to engine speed, load and coolant 

te mperature, or the adjusting of engine fuelling to allow for sensed 

changes in load. In practice, feedforward and feedback control may be 

combined in the same controller; e.g. scheduling of injection timing 

may be combined with feedback control of engine speed. In these cases 

the contribution of the scheduling scheme to the feedback loop
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response, resulting from the interaction terms, needs to be taken into 

account in designing the feedback loop response.

Since feedforward control avoids many stability problems, what are the 

advantages of feedback control? Apart from the ability to stabilise 

systems that are open loop unstable, feedback can give the following:-

Greater accuracy in desired output.

Better transient response.

Reduced sensitivity to disturbances (68), which may include:

i) Changes in plant behaviour due to change in ambient 

conditions (including altitude)

ii) Changes in plant behaviour due to wear and friction.

iii) Reduced sensitivity to noise (e.g. sensor noise or 

electrical interference).

As a result of (iii) and because feedback control allows greater 

accuracy to be achieved with a given actuator it is possible to use 

cheaper sensors and/or actuators.

To illustrate the reduction in sensitivity, consider the SISO system of 

figure 3.2 in which r is the reference input value, f the sensor 

response, and k the feedback gain.

The system is subject to small variations, Ag, in plant transfer 

function due, for example, to wear and tear or ambient conditions, and 

to output noise, n:

y = (« + Ag)k(r-fy) n

k(g+A<)r

» * ( ‘  *  “ 1 i  ♦ ( ■  *  * S
y ♦
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3.3 Stability Margins In Multivariable Control Systems

Consider the MIMO system G, figure 3.3, with transfer functions g ^  and 

feedback gains kc (diagonal matrix K) which is to be controlled by 

independent feedback loops.

3.3.1 Inverse Nyquist Array Method

Rosenbrock's method (70) uses the inverse Nyquist array and, for each 

point in the diagonal elements draws a circle of radius equal to the 

sum of the off-diagonal row or colurm gains at that frequency; these 

circles form the Gershgorin bands and indicate the greatest possible 

effects of interaction on the stability of the system (figure 3.4).

When a preconpensator matrix (which may be necessary to make the array 

diagonally dominant) has been chosen, the reduced effect of interaction 

in each loop, when known feedback gains are applied to the other loops, 

is indicated by the Ostrowski bands. Rosenbrock showed that, provided 

the inverse Nyquist array is diagonally dominant, it can be used to 

determine the stability of the system when the feedback loops are 

closed (and with inverse Nyquist plots the effect of feedback gain on 

stability is particularly easy to determine). Diagonal dominance occurs 

when the bands exclude the origin, and is defined as:-

for all i, and at all frequencies,

n
either |f..| > E If.-I (row dominance)

j=l lJ
i/j

n
or > E If,. I (colinm do« i nance)

j=l J1
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Stability margins are determined by considering the edge of the 

Ostrovski bands closest to the critical point. This gives conservative 

values, since it assumes that the interaction has the worst possible 

effect.

3.3.2 Characteristic Equation Method

The linear MIMO system of figure 3.3 has the following closed loop 

response

y = (I + GKFf'GKr

Obtaining the inverse of (I + GKF) includes dividing each of its 

elements by the determinant. The system is unstable when, for any 

value of the complex variable s having positive real part,

det |l + GKF|= 0 (3.1)

Equation 3.1 is called the characteristic equation of the closed loop 

system, and while its solution does not distinguish which loop causes 

instability, it does detect accurately the feedback gains under which 

instability occurs. The lines of instability can be plotted in the gain 

space (where the feedback gain values form the axes) and suitable 

margins can be obtained by ensuring, for example, that each feedback 

gain value is at least 10 db (a factor of 3) to the safe side of the 

instability surface. This is straightforward for two-input, two-output 

systems where the gain space becomes a gain plane and is simple to 

represent graphically.
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For a two-input, two-output system the matrices become:

F = f1 ° K - k j 0 0 *11 *12
° f2. ° k2. #21 ^22

and the characteristic equation becomes:-

(1 * i"-| 1 olio ̂

1 + ] +
f-jMr

^12*21 
*1] 1 ̂ 22

n . 2'

'3.2'

Without interaction (gp g0j 0)the equation is solved when either 

of the two single feedback loops is unstable, but the gain and phase of 

the LHS of equation 3.2 are a combination of the values for the two 

loops and so cannot be used as a direct measure of the multivariable 

system stability margins. As described, though, stability margins (in 

gain) can be obtained once the lines of actual instability have been 

plotted in the gain plane.

Stability margins may be obtained in a similar manner from the 

characteristic loci (71); however, obtaining these loci requires 

evaluation of the eigenvalues of the matrix (1+ GKF), and it is simpler 

to use the characteristic equation method outlined above.

In single-input single-output (SISO) systems it is often preferred to 

define a phase margin (e.g. 60 degrees) and ignore the value of the 

gain margin, although Oldenburger (72) suggested ensuring a phase 

margin of 30 degrees as well as a gain margin of 8 db. Where phase or 

gain margin alone is to be used to define stability, some assumption
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about the system response has to be made i.e. concerning the shape of 

the response between the gain and the phase crossover frequencies. This 

is reasonable where the system has a standard first or second order 

response, without excessive transport delays. In the multivariable 

case it will be assumed that if the same response (first order or 

second order) is true of each of the closed loop transfer functions 

then the stability margin of the system may be specified by quoting the 

value of just one margin, in this case a gain margin, which should be 

at least 10 db.

3.3.3 The Effect Of Interaction On Stability And Steady State Errors

For the two input, two output system without precompensator matrix the 

closed loop system gains are: 

n_"E _ 1
^ ref ' a ki*»l 1+f2k2*22 f2kik2*i2*2i

^ r e f

Pb

C k2*12

C ki*2i

APbref k2«22 (1+fik ignl - fikik2*i2*2i

where C = fif2kik2*i2*2i

The degree of interaction in an output may be defined as the change in 

its value resulting from a typical change in the reference value of the 

other output divided by its change in response to a typical change in 

its own reference value.
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Applying Newton's Second Law to the angular acceleration of the 

inertias

E ~ n
SO t e t l ]
TT Tto. 1

so [t e -
JÌ Ttot

In terms of the D operator, and assuming nfnow in rad/sec,

^ t o t 0 + k) "F = TE

Then the transfer function is given bys-

r " I. ,D k I. .E tot 1 + _tot D

or in terms of the Laplace operator, s,

T I. .B , . tot
1 ♦  ---- :—  S

In the frequency response vrork carried out all the input signals are 

sinusoidal and the s and D operators may be replaced by jws-

1 4 -*?•<“

At steady state, oj is zero and the gain becomes, as expected

"E

as
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As frequency increases, so the gain is attenuated:-

At the break fequency, real and imaginary parts are equal so that

k ,.u. -------  rad/spr.
b  I .  , tot

The time constant is equal to 1/w^ seconds and the transfer function 

may be expressed in the following way:-

n

T
K
E

k
1 ♦ tjw

3.5 Factors Affecting Engine Speed Response

3.5.1 Effect of Dynamometer Characteristic

The above response is that of a single first order system; if the brake 

load remains constant, then k is zero and the transfer function 

becomes

In this case the inertia acts as a pure integrator of the engine 

torque. If brake load is a non-linear function of speed, where for
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example:
Ti  • k nf

thfn t t " k nnK Vpn-1

'E N„

thprpf ore TL "e 
t t. "• ne

and
T, *s * n v-tnt Np

The time constant of the system now becomes

t \ o t NE

instead of t
Tt of F

for the linear case

The time constant is inversely proportional to the index of speed in 

the dynamometer load-speed characteristic. Figure 3.7 shows the 

modified transfer function diagram).

3.5.2 Effect of Variation of Fuelling Rate With Engine Speed

In automotive diesel engines the fuel injected per stroke generally 

varies with engine speed and in fact the fuelling characteristic is 

tailored to provide the desired variation of torque with engine speed. 

Figure 3.8 shews the transfer function block diagram adjusted to 

incorporate this.
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Assuming negative feedback for the fuelling characteric, 

increase of fuelling with decreasing speed (for constant 

gives a positive value for k3, then

T, »tot E k2 'klxf k.?nF' nkn„

i.e. where an 

rack position)

n , + k„k„ + nk)n„ - k ,k „x .
t of E 1 2 f

nE kl k2
I . S *tot k^k^ ♦ nk

k,k2
k0k^ nk

I s 
] 4- rot

k9k̂  * nk 

Ti(where k ~  as before)

The time constant is new rtot^k2k3 + nk1 seconds and the steady state 
gain is kjk^/ik,,^ + nk) ; both are reduced for positive k3, which 

is generally true at engine speeds above peak torque speed.

3.5.3 Effect of The Dynamic Response of the Dynamometer

If the dynamic response of the dynamometer with its associated valves 

and electronics is represented by a time delay and first order lag, the 

transfer function of the dynamometer load becomes

nke'M
1 ♦ t 9S

s

and the overall transfer function becomes

t . R
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The response is no longer that of a first order lag, and the effects of 

the values of t, and tz on the measured speed response are shown in 

figures 3.9 and 3.10.

The values of t, and tL vary with the mean hydrostatic supply pressure 

and this is a function of engine speed and load. Photographic records 

of the response of the supply pressure to changes in dynamometer 

control voltage had been obtained (using an oscilloscope) with a 

smaller (300 Nm maximum) swash-plate punp fitted with identical control 

gear. Values of t, and tt estimated from these results are plotted 

against hydrostatic supply pressure in figures 3.11 and 3.12. At 

medium and high load the supply pressure is always greater than 100 bar 
and t, and ti may be conservatively estimated at 20 and 10 msec 
respectively.

Since the control gear is identical to that used on the dynamometer 

used in the present work, it is assumed that the values of t, and tĵ 

given above apply to the present case, at the same mean hydrostatic 

supply pressures. Typical values of t, and 1 2 are therefore 10msec and 
20 msec respectively. From figures 3.9 and 3.10 it is clear that such 

values will have a small effect on the observed response of the engine 

speed to rack perturbation. However, it is possible to avoid the need 

to evaluate the dynamometer response by the method given below.

3.5.4 Dynamic Torque or Dynamic M.E.P. Response

Changes in shaft torque, T s  , and engine speed, n E , can be monitored 

and, from these, the instantaneous or dynamic engine torque, Tt , can
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be reconstructed.

ffIF d"F r - r + __£ __£
E s 30 dt f3.4)

assuming n E in rev/min

The dynamic engine torque is not a quantity that can be monitored 

directly and is probably best thought of as a dynamic mean effective 

pressure (d.m.e.p.), m.e.p. being closely related to engine torque. The 

d.m.e.p. is the instantaneous i.m.e.p. corrected for engine friction 

losses

d.m.e.p. « instantaneous (i.m.e.p. - f.m.e.p.)

While such a reconstruction of dynamic engine torque has been used 

before (73), it does not appear to have been used to obtain dynamic 

torque from engine frequency response testing. With sinusoidal 

perturbations, assuming that harmonics generated in the outputs are of 

negligible amplitude, equation 3.4 becomes

- - ” tf -
te r T, + J" n s  \

Where u> is the test frequency (rad/sec) and rg> Ts and nR are vectors 

having the amplitude and phase of the appropriate frequency response.

3.6 Frequency Response Measurements of Sampled Data Systems

Flcver, Windett and Forge (32) showed that when digital correlation 

methods are applied to the frequency response measurement of sampled



data systems, serious errors can result from lack of control of the 

phasing between the sampling times and the driving sine wave. They 

shoved that the measured sine and cosine correlations were subject to
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errors

the measured sine correlation is

r
xy

(01 ~ » (0) * EI A)

and the measured cosine correlation is

' (01 £ W  (0) * E
xy T xy

where T is the correlation period and E and E' are the errors.

E is reduced by using a large value of [2 ui^/w] nu m/w; e ' is reduced 

with a large value of [2 -u] rru ra/(u[l u^/u])-

The integration or correlation period T can be expressed in terms of 

the number of test frequency cycles:-

Sampling occurs once per injection, so that for a four-stroke engine 

with N cylinders running at N f rev/min,

T
L'nm
u

(3.Gl
s 2x60

thi-n, using (3 .5 )  ami (3 .6)

s

TN(,N

~~\2Q

u 120
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If as in the present work, the minimum integration period is 20 seconds 

and the engine has six-cylinders, then at 1200 rev/min:

mw
— - 1?onu

If, in addition, the maximum test frequency is 10 Hz, then u 'u > r so 

that

Both the in-phase and out-of-phase components of the response have 

errors of less than 0.1%. The corresponding errors in the gain are 

generally = u 'u m ; again of the order of 0.1% in this case.
S

Any sampling introduced by the transfer function analyser (TFA) itself 

(i.e. digital TFA's) can also be assumed to contribute negligible 

errors since the sampling frequency used will be several orders of 

magnitude higher than the maximum test frequency used in this work 

(~10 Hz), and because of the relatively long integration period of 20

seconds,
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4. IDENTIFICATION: EXPERMWTRL DETAILS

4.1 Hardware

Figure 4.1 shows diagranvnatically the engine and dynamometer with the 

sitings of the transducers and actuators used in the work.

4.1.1 The Engine

The engine is a turbocharged automotive diesel with a rating of 210 kW 

at 2100 rev/min. Details of the engine are given in table 4.1 and a 

maximum torgue curve is shown in figure 4.2. Engine cooling is 

achieved by recirculating water from a static pond of large surface 

area through a heat exchanger mounted close to the engine. Water from 

the pond is drawn first through a coarse grid at the pipe inlet, and 

then through a fine mesh trap.

4.1.2 The Dynamometer

The dynamometer is a Lucas swash-plate hydrostatic punp. Hydrostatic 

system pressure determines dynamometer load and is controlled by means 

of a servo valve. The main valve position is controlled hydraulically 

by means of a spool valve whose motion is accurately determined via 

feedback position control. System pressure is controlled from the 

console by a DC signal in the 0 to 10V range, and the dynamometer 

steady state load versus speed characteristic can be tailored to follow 

a windage curve of the form:
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The value of the index n was found to be close to 1.60 except at light 

load (see fig. 4.3). The dynamometer may also be used in a mode which 

maintains constant brake torque, but this mode was not used for tests 

since the 'windage' mode more closely represents the behaviour of a 

real automotive load. The dynamic response of the dynamometer and its 

associated controls is not ideal and its effect on the measured speed 

response is not negligible. Campbell (74) had made experimental 

measurements of transients in a dynamometer with almost identical 

controls and associated piping. From his results (similar to those 

shown in figure 4.4) it has been possible to estimate the relevant 

transfer function (see section 3.5.3).

4.1.3 Actuators

The engine is fitted with actuators controlling rack position and 

turbine inlet area. Both are of the hydraulic ram type with cylinder 

diameters of 7/16 inch (11.11mm). Oil at a pressure of 60 bar fran a 

single Bosch supply pack is admitted to the actuators under the control 

of servo valves. Feedback is used to obtain accurate positioning of the 

actuators, with position transducers monitoring rack position (the 

actuator acting directly onto the end of the fuel injection punp rack) 

and turbine inlet area actuator position. Due to lack of space a 

mechanical linkage connects the second actuator to the rods determining 

actual turbine inlet area (see figure 4.5), and since the linkage is 

not rigid its response needs to be allowed for. The response of both 

actuators is approximately that of a first order lag (of 5 msec time 

constant) and a time delay of 10 msec.
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4.1.4 Instrumentation

Details of the engine output transducers are given in table 4.2, which 

includes the steady state calibrations obtained for each. Outputs are 

adjusted to be in the range 0 to 10 V, or 0 to -10 V.

4.1.4.1 Dynamic Responses

Frequency response measurements were used to obtain the dynamic 

characteristics of some of the transducers with their associated 

amplifiers and signal conditioning circuits.

For example the measured response of the electronics associated with 

the turbine inlet thermocouple signal is shown as Bode plots in figure

4.6 indicating a first order system with break frequency at 2.83 Hz. In 

addition, the thermocouple itself has a first order lag due to its 

thermal inertia; the associated time constant varies with the Reynolds 

number of the exhaust gas flow since this affects the heat transfer to 

and from the thermocouple. Ttie relation is assumed to be of the form:

‘th = kRen

Winterbone and Nuske (34) used a value for n of -0.668 when measuring 

turbine inlet temperature in an automotive gas turbine, and the same 

value has been used in the present work. The value of k was estimated 

from the manufacturers' quoted time constant under given gas flow

conditions
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Response of the infra-red absorption meter used to measure exhaust 

opacity was determined from a measurement of the rise time of the 

infra-red sensor output. This had been measured as 95 msec, indicating 

a time constant of about 32 msec and a break frequency of 5.0 Hz. A 

considerable transport delay occurs due to the length and volume of the 

exhaust system upstream of the opacity meter (see figure 4.7).

Measurement of engine speed involves the magnetic detection of the 

passing of teeth on a disc attached to the engine flywheel, one 

revolution consisting of 120 teeth. The positive voltage reversals in 

the transducer output are used to trigger the production of square 

pulses of standard amplitude and duration. Thus each tooth generates 

one standard pulse and standard frequency-to-voltage conversion 

techniques are used to generate a DC signal proportional to speed. 

Smoothing of this signal introduces a first order lag with 9.4 Hz break 

frequency.

The voltage representing inlet manifold pressure is obtained by DC 

amplification of a strain gauge signal. No attenuation or phase shift 

was introduced by this amplifier at or below 10 Hz. Remote siting of 

the transducer, 22cm from the inlet manifold at the end of a pipe of 

5mm i/d, will cause resonance with a peak at about 330 Hz but

this will have negligible effect below 10 Hz.

Drive shaft torque is measured by a process which involves frequency 

modulation and DC amplification. Neither the filters used to remove 

the carrier frequency (of 8 kHz) nor the DC amplification should 

introduce any detectable error at or below 10 Hz. A slight resonance
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in the linkage used to arrest the rotation of the floating part of the 

torguemeter introduced small errors at around 3 Hz.

As mentioned above, lack of torsional rigidity in the turbine area 

control linkage resulted in noticeable deflection dependent on the 

resisting force seen by the turbine area restrictor, whether due to 

unbalanced gas forces or to sooting up of the surrounding clearances.

In consequence the actuator position transducer could not be relied on 

to accurately reflect the actual turbine inlet area, particularly under 

dynamic conditions, tack of space surrounding the turbine area control 

rods ruled out the use of standard position transducers capable of 

linear monitoring of the 6 mm of control rod movement. A small 

inductive device was installed and this was later replaced with a Hall- 

effect device with temperature compensation and water cooling. Linear 

calibration was obtainable over about 3 mm movement, but 4.5 imi could 

be covered with less than 5% error and this larger amplitude of turbine 

area perturbations was used in the tests.

4.1.5 Frequency Response Analysers (F.R.A.)

The theory of the correlation type frequency response analyser may be 

found in reference (32). Some early frequency responses in the present 

work were obtained using a 'Feedback' Transfer Function Analyser with 

associated Signal Generator. Errors in frequency calibration were 

found up to a maximum of +18% at a nominal 1.0 x 10nHz. A facility 

allowing automatic, marching, ten-cycle averaging enabled greater 

accuracy and consistency of measurement. The running average was 

displayed on the instrument's analogue meter allowing an appreciation
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of the consistency of the readings to be obtained. For accuracy it was 

also necessary to use the 'AC' filter at frequencies above 0.5 Hz; this 

is a simple first order R-C filter. Results had to be corrected for the 

filter response and this was complicated by the variation of the 

response, not only with the use of ten-cycle averaging, but also with 

the amplitude and harmonic content of the signal.

Despite its inaccuracy and inconvenience the 'Feedback' equipment 

allowed the consistency of the engine behaviour to be observed and this 

was useful in interpreting the results obtained later with a Solartron 

1250 Frequency Response Analyser.

Apart from giving much greater accuracy, particularly with small signal 

amplitudes, the Solartron FRA was able to monitor two signals 

simultaneously and calculate the response of one relative to the other. 

In this way actuator responses could be removed automatically (figure 

4.8) leaving the response of the engine itself (as coupled to the 

dynamometer).

The normal frequency range employed was 0.1 to )0 Hz with either 4 or 5 

intermediate frequencies per decade. Four seconds or one complete 

cycle period, whichever was the greater, was allowed for the system to 

stabilise after a change in test frequency. Automatic adjustment of 

the signal integration period used in determining gain and phase was 

possible in two modes; a non-automatic mode was also available.
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Automatic integration:

Short period - continues integration until 90% confident of 

giving a result with + 10% accuracy.

Long period - continues integration until 90% confident of 

giving a result with + 1% accuracy.

Preset integration:

The integration period can be chosen to be either a fixed 

time period or a fixed number of test signal cycles.

Normally the more accurate automatic integration procedure was used and 

the readings were repeated to check for consistency. Where this 

resulted in extremely long test times, or where the engine behaviour 

was very inconsistent, it was found better to use the shorter automatic 

integration mode and to repeat the readings several times, alternating 

the direction of frequency scan.

All frequency response testing was carried out with sinusoidal input 

perturbations.

4.2 Experimental Method

Engine coolant temperature was generally maintained between 80 and 90 

degrees C with extreme values used of 70 and 95 degrees C.
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Inadequacies in the flow of water in the heat exchanger circuit to and 

from the pond occurred as a result, first, of the use of a heat 

exchanger of insufficient capacity, and later as a result of frequent 

blocking of the mesh traps with debris from the pond. Consequently some 

tests had to be interrupted to allow the filters to be cleared or to 

allow the cooling water temperature to fall. To this end the water 

pressure downstream of the filters was monitored as well as engine 

coolant temperature.

Ambient air temperature in the cell during testing was generally 

between 20 and 25 degrees C.

Excessive cylinder pressures or turbine inlet temperatures were avoided 

during testing. Minimum turbine inlet area had to be limited at high 

engine power to avoid overspeeding the turbocharger, and during tests 

where the rack position was being perturbed, the turbine inlet area was 

fixed at a value that was approximately optimum for the mean operating 

condition.

Injection timing was held at the standard timing of 22 degrees CA BTDC 

(static) except at low speed, high torque when the timing had to be 

retarded 6 degrees CA to avoid excessive cylinder pressures.

Dynamometer oil boost pressure (pump inlet pressure) was kept above 15 

bar to avoid punp damage by cavitation and to improve linearity (75).
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4.3 Frequency Response Measurements Carried Out

Responses of the engine output variables to perturbations of the fuel 

injection punp rack position were obtained at engine conditions 

covering the whole operating range, apart from low idle. Table 4.3 

indicates the operating conditions at which the tests were carried out 

and the corresponding output responses obtained at each. Engine speed 

and inlet manifold pressure were obtained at each operating condition; 

in addition, at some operating conditions, the responses of the drive 

shaft torque, exhaust manifold teirperature or exhaust opacity were also 

obtained. Table 4.4 is the corresponding table of operating points of 

responses obtained when perturbing the turbine inlet area. In this 

case, little work was done at light load, since the turbocharger 

contributes little to engine efficiency under these conditions. While 

the amplitude of rack perturbations was varied between + 38% and +

2.5%, turbine inlet area perturbations had to be of as large amplitude 

as transducer linearity would allow in order to maintain adequate 

engine output signal amplitudes.

Actuator responses were measured under different engine operating 

conditions and repeated periodically. Frequency response measurements 

at 1200 rev/min, high load were also repeated on several occasions to 

check for repeatability of results over a period of time and under 

different ambient conditions.

All frequency responses are presented in the form of Bode diagrams, the 

gain being relative to the steady state gain value.
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5. KRBQUHCT RESPONSE RESULTS A W  DISCUSSION OP DTNAHIC RESPONSE

5.1 Engine Speed

5.1.1 Speed Response to Rack Perturbation

Figure 5.1 shows the effect of engine load, at a given mean speed, on 

the measured engine speed frequency responses. The slopes of the gain 

plots above 2 Hz are of the order of -20 db/decade. As expected, a 

first order response dominates and the time constant is reduced as the 

mean torque is increased; this is seen most clearly in the phase 

response since small errors in measured steady state gain significantly 

affects the frequency at which the gain crosses the -3db line. Above 2 

Hz the phase lag is greater than 90 degrees and increasing, reflecting 

the presence of the torque time delay. Since the engine speed is 

similar in each case, the torque delay also is similar and the 

resulting phase plots are almost identical above 2 Hz.

When the mean speed varies (figure 5.2) the torque delay also varies 

and the resulting high frequency phase lags shew more variation.

Table 5.1 shows the steady state gains measured under different engine 

operating conditions and figure 5.3 suggests contours of steady state 

gain on the engine operating trap (for data obtained using similar 

fuelling anplitudes and static injection timings).

The expected time constant (see section 3.5.2) is given by

tr N_ IE tot
30 (n-k) T,E

t (sec)



where N E and T£ are mean values of engine speed and torque

n is the speed index in the dynamometer characteristic 

k is the normalised variation of engine torque with speed 

Itot is the combined rotational inertia of engine, flywheel, 

drive shaft and dynamometer.

The corresponding break frequency is given by

fb =
15 (n-k)Tg 

NE ^ot
(Hz) (5.1)

Figure 5.4 shews some of the measured break frequencies plotted against 

values determined using expression 5.1, assuming n equal to 1.6 and 

k equal to 0. (The measured break frequency is taken to be the 

frequency corresponding to 45 degrees phase lag after the phase 

response has been corrected for phase lag due to the torgue delay). At 

lew load the index n may fall belcw 1.6, and k is negligible only at 

medium speeds (1100 - 1400 rev/min at medium to high fuelling). At 

higher speed (and at lower speeds where the load is light) k is 

generally negative (e.g. approx. -0.25 at 1600 rev/min, 600 Nm) so that 

n-k is greater than 1.6. This accounts for some of the deviation away 

frem the line corresponding to n-k = 1.6; another factor affecting the 

measured values is the dynamic response of the dynamometer control 

system, which tends to increase the apparent engine break frequency.
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5.1.2 Speed Response To Turbine Inlet Area.

Figures 5.5 and 5.6 show engine speed response to turbine inlet area 

perturbation at three engine speeds (constant mean fuelling) and the 

effect of fuelling at constant mean speed. Above 1 Hz the slope of the 

gain plot is close to or slightly greater than -20 db/decade, but the 

phase lag is greater than 180 degrees. At these frequencies variations 

in turbocharger speed are negligible and the engine speed response is 

determined by the effect of the turbine inlet area on the engine back 

pressure. Since a reaction in area is taken as positive, the 

resulting speed change is out of phase with the turbine area. At lower 

frequencies the turbocharger speed responds to the variations in 

turbine torque and the resulting changes in boost pressure serve to 

moderate the effect of the back pressure on the engine's punping 

losses. In addition, the change in air-fuel ratio affects the thermal 

efficiency at the high fuellings employed (see figure 5.7). When the 

effect (at low frequency) of the boost pressure and air-fuel ratio is 

greater than the effect of the back pressure on the engine torque, then 

the steady state gain is positive and the phase lag at low frequency is 

small; as the frequency increases the turbocharger responds less and 

the effect of the back pressure becomes greater than that of the boost 

pressure and air-fuel ratio and the phase lag increases rapidly to more 

than 180 degrees. At engine operating conditions where the effect of 

the boost and air fuel ratio is always less than the effect of the back 

pressure (i.e. where air-fuel ratio is greater than about 25:1), the 

steady state gain is negative and the phase lag at low frequency is 

close to 180 degrees. This is generally the case at part load or at 

high engine speed. As the frequency increases so the amplitude of
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engine torque increases until it reaches a plateau; the engine speed 

amplitude increases at first, then falls as the rotational inertia 

affects the response more significantly. This is the cause of the extra 

pole and zero seen in the speed response to turbine inlet area 

perturbations.

The response may be expressed as two terms in parallel, one 

representing the effects of boost pressure, and the other the effects 

of back pressure on engine torque.

nE
kl V *

1 + t2s
2rt 
+1^3

The two terms have opposite signs as is seen in the values of k, and

3nE 3(AFR) 3I,P ]
3TE S3 3(AFR) 3,,b dLP 3pb J
anE r^E dL 3pex
^E 39 3LL p

dpex 8rt .

and t, =  200 +Ne/25 degrees CA and is the time delay between

changes in boost pressure occurring and the resulting 

change in engine torque. 

t2 is the engine speed time constant 

t5 is the exhaust manifold time constant

therefore
^  . fb e ^ l 9 k2
rt * K1 rt ( b y )  + (l+t3s)(l + »2s)

Above 1 Hz the first term is negligible since the boost fluctuations 

are very small, so that in the frequency range determining stability
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the response is dominated by the back pressure term (whose time 

constant is much shorter - see Appendix I)

Table 5.2 shows values of steady state gains obtained in response to 

changes in turbine inlet area, and in figure 5.8 suggested contours of 

steady state gain are superiinposed on the engine operating map.

5.2 Output Shaft Torque

Figure 5.9 shows output shaft torque response measured with the 

Vibrometer torquemeter and conpared with the corresponding engine speed 

response. Also shown is the expected shaft torque response given an 

assumed dynamometer response and assuming a rigid shaft. Clearly, the 

speed and shaft torque responses are closely related; however, a second 

order resonance appears in the measured torque response, with a natural 

frequency of approximately 3 Hz. A resonance of the torquemeter outer 

cylinder against its locating spring was observed at 3 Hz, but 

replacing the spring that was being used with a taut string caused very 

little change in the measured response. Other possible causes are a) 

torsional resonance of the engine/flywheel/drive shaft/dynamometer 

system, and b) resonance in the hydrostatic system due to 

compressibility of the oil.

Torsional resonance appears unlikely since the dynamometer inertia is 

la# and the drive shaft is stiff (estimated resonant frequency is 

greater than 50 Hz, assuming that the shaft has less than 5 degrees 

windip at full load torque of 1000 Nm); nevertheless a similar 

resonance appears in the speed response measured using a toothed wheel



66

at the front end of the crankshaft (see figure 5.10).

If a torsional vibration is occurring it is likely that at such a low 

frequency the flywheel, being the largest conponent of inertia, will be 

close to the vibration node so that the speed response measured at the 

flywheel would be unaffected.

Resonance in hydrostatic systems is common (75) and Bowns and Worton- 

Griffiths (76) found resonances having natural frequencies of 2 to 4 Hz 

when analysing a hydrostatic system being used as an engine 

dynamometer. In their case, punp swash-plate angle was perturbed, 

while, in the present case the dynamometer control system varies the 

boost pressure. Whilst this constitutes a different excitation of the 

resonance it will not prevent its occurrence, and as a result, the 

amplitude of torque fluctuations produced by the dynamometer and sensed 

in the drive shaft will be affected. Although significant changes in 

flywheel speed amplitude may not follow, the torque fluctuations will 

be transmitted to the crankshaft and may be amplified by the 

crankshaft/danper system. This could explain the second order response 

seen in the speed measured at the damper end of the crankshaft.

5.3 Dynamic Engine Torque (and Dynamic M.e.p.)

Using the method described in section 3.5.4, dynamic engine torque was 

obtained from the measured shaft torque and engine speed responses. Tbe 

resulting dynamic m.e.p. responses (for a given engine, m.e.p. is 

proportional to torque) as shown in figures 5.11 to 5.15 for several 

different engine operating conditions; some of these results have
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already been published (77). Under all operating conditions except at 

light load there is a 5 to 8 db (40-60%) fall in dynamic m.e.p. with 

increasing frequency, the fall occurring mainly above 0.2 Hz and 

levelling out above 2 Hz. The knee at 0.2 to 0.35 Hz corresponds to 

the break frequencies observed in the engine speed responses and 

indicates that speed related effects (e.g. fuelling and f.m.e.p. 

changes) may be responsible for much of the attenuation of d.m.e.p., 

although effects related to the temperature of the cylinder walls may 

contribute since the corresponding break frequency is estimated to be 

of a similar value (0.5 Hz - see appendix II). Some attenuation of the 

d.m.e.p. occurs below 0.2 Hz and can be attributed to boost related 

effects since the break frequency in the boost responses is at a lower 

frequency, 0.12 Hz or less, than that in the speed responses. See 

schematic in figure 5.16. Boost related effects include pumping losses 

and the effect of air-fuel ratio on thermal efficiency. The different 

behaviour seen at light load (figure 5.15) is due to the 

characteristics of the FIE and of the dynamometer.

The attenuation in dynamic torque has been postulated by Winterbone et 

al (51) who found that in order to correctly predict the transient 

behaviour of a turbocharged diesel engine, it was necessary to reduce 

the torque calculated assuming steady state conditions by 5% during the 

first four seconds of the transient. Sawa and Hori (31) found that in 

their frequency response measurements of engine speed some attenuation 

occurred which could not be accounted for by the response of the 

rotational inertia, in fact it had a different break frequency. (This 

vras apparent in their tests since the 2-cylinder diesel engine they 

were using had a relatively high rotational inertia). Their engines
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were of the IDI and prechamber combustion type, with normal aspiration, 

so that changes in boost pressure can be neglected. They assumed that 

the effect was &ie to the thermal inertia of the cylinder walls and its 

effect on the oil temperature and f.m.e.p.. They introduced another 

first order lag in series to fit the data and found that its break 

frequencies were of the order of 0.5 Hz. In fact the response is 

almost certainly not that of a lag in series, but in parallel; however 

their maximum test frequency (1.6 Hz) was insufficient to make this 

apparent. Apart from the effect on oil tenperatures, combustion in IDI 

engines is sensitive to cylinder wall temperatures since the surface to 

volume ratio and the charge velocity are much greater than in most DI 

diesel engines. They present a speed frequency response for one engine 

and, because of its relatively high inertia giving a break frequency of 

0.1 Hz, it is easy to distinguish between speed- and temperature- 

related effects.

The method used in this section assumes a torsionally stiff drive 

shaft; appendix III analyses the effect of twisting of the shaft. Ttie 

stiffness assumed is probably an order of magnitude too lew, but the 

high frequency attenuation is unchanged, and the main break frequency 

is not increased greatly.

By applying inverse transformation to the transfer function a time 

response of torque can be estimated. Figure 5.17 shews the time 

response obtained by inverse transformation of the d.m.e.p. frequency 

response, obtained at 1200 rev/min (figure 5.12). This does not 

represent exactly the response to a large step change in fuelling, 

since the mean speed is fixed in the frequency response data; however,
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the results give a good indication of the type of dynamic torque 

response to be expected.

After an initial time delay (corresponding to the diesel torque delay) 

the initial change in torque is 40% of the steady state chanqe and does 

not reach 95% of the steady state change until 0.75 seconds have 

elapsed. If the shortfall in torque is integrated over four seconds the 

average attenuation is about 4.5% comparing favourably with the value 

of 5% deduced by Winterbone et al (51).

5.3.1 Prediction of D.m.e.p. Response

Ignoring the effects of cylinder wall and exhaust manifold thermal 

inertias and ignoring changes in volumetric efficiency, the anplitude 

of d.m.e.p. variations may be expressed in terms of the variations in 

engine speed, boost pressure and fuel rack position:-

at AN_ AT. Ax,
= A + R + C

The coefficient A of the speed term may be expressed in terms of the

variations of fuelling, back pressure and thermal efficiency with

speed:- NcA = — 3te a-f 3te ^th ne 3te AFR 3mf
te 3-f 3NE te ^th 3ne te 3(AFR) -f 3ne

3te 1.25 + 0.25 ne V (.5.2)
te apex» mf 3ne

(assuming pexnl a mPX/Tti and Ttio (AFR) -0 5 NE0-5)

Generally A, as expressed in equation 5.2 is negative or has a small
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positive magnitude, 

of the terms are:-

At 1600 rev/min, medium load, the estimated values 

N„

E
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If A is negative, d.m.e.p. anplitude should increase as speed amplitude 

decreases. In fact, the opposite occurs with the measured d.m.e.p. 

amplitude being significantly attenuated as frequency increases and 

speed amplitude decreases (figure 5.11). Clearly other effects 

dominate in the dynamic variation of d.m.e.p. with frequency; effects 

such as the variations in thermal efficiency, frictional losses and 

volumetric efficiency with cylinder wall temperature, and the variation 

in frictional losses with engine speed under dynamic conditions. 

Variations in volumetric efficiency may be assumed to have negligible 

effect on the torque amplitude, and variations in thermal efficiency 

with cylinder wall temperature, while significant, are not considered 

large enough to explain the measured response. We are left with the 

conclusion that variations in frictional losses are substantial and 

dominate the d.m.e.p. response. This lends some support to the 

assunption made by Sawa and Hori, that variations in dynamic torque are 

due mainly to the variations in frictional losses resulting from the 

thermal inertia of the cylinder walls. Watson (54) using a computer
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simulation has shown that changes in f.m.e.p. have a significant effect 

on engine transient response. In order to predict the d.m.e.p. 

response, more data is needed on the variation of frictional losses 

under dynamic conditions.

5.3.2 Experimental Measurement Of Diesel Torque Delay

The phase of the calculated d.m.e.p. responses does not have the form 

of a pure time delay; it contains phase lag related to the attenuation 

in gain caused by speed, temperature and boost effects. By assuming 

minimum phase behaviour the phase response corresponding to the 

d.m.e.p. gain responses can be determined. This was achieved by 

fitting a transfer function containing poles and zeros of non-integer 

power to the gain curves to obtain least square error, and then 

calculating the phase lag corresponding to this transfer function. When 

these phase responses are subtracted from the d.m.e.p. phase response, 

the residual phase is close to that of a pure time delay (see figures 

5.11 to 5.15), although, because the d.m.e.p. gain is flat above 2 Hz, 

there is little change in the phase at 10 Hz . Values of the time delay 

calculated in this manner and the corresponding periods in crankangle 

degrees are shown in table 5.3; apart from two results all the 

calculated values fall within the range 62 to 80 degrees CA. The two 

remaining results are subject to significant error at the higher 

frequencies due to the small amplitudes being measured. The expected 

diesel torque delay for 60% maximum fuelling and an engine speed 

between 1000 and 1500 rev/min is estimated as follows:-
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sampling point (end of injection) 4 to 8 degrees BTDC

Estimated median point of resulting torque 60 to 65 degrees ATDC

Total torque delay 64 to 73 degrees CA

This compares well with the mean of the measured delays (68.5 degrees 

CA if the two readings that are high are omitted, 74.7 degrees CA if 

one is omitted). Had sanpling been occurring at the start of injection, 

due to rack lock-up, the expected delay would be 76 to 79 degrees CA, 

but there was no experimental evidence of rack lock-up occurring.

Errors in estimating the delay are probably due mainly to errors in 

estimating the median point of the torque pulses and may be up to 10 

degrees CA.

The estimated and measured torque delay values are considerably less 

than the 210 degrees CA assumed by Gant's formula (47) for a six 

cylinder four-stroke diesel, and shorter even than the 120 degrees CA 

assumed by Ledger et al (46). Allowing for sampling at the beginning of 

injection rather than at the end of injection increases the delay to 

close to 80 degrees CA. This is the more likely value when mechanical 

governors are fitted, and will not be much greater at maximum engine 

speed. If, further, the extra random delay is added which occurs after 

a sudden step change in rack position, then the total delay is between 

80 degrees CA and 80 degrees CA plus one firing period. This is 

slightly less than the value given by Garvey (41).

The torque delay does not alone explain the phase lag observed in the



d.m.e.p. responses, the extra phase lag being Aie to the tenperature- 

and speed-related effects on d.m.e.p. discussed earlier.

5.4 Boost Pressure Response

5.4.1. Boost Response to Fuel Rack Perturbation

Figure 5.18 shows boost responses at one mean speed and three different 

mean fuellings. The response is basically first order although the 

slope of the gain curve reaches -30 db/decade and the phase lag is 

correspondingly increased. The break freguency varies with the mean 

rack position; when the mean speed is varied, however, (figure 5.19) 

the observed variation in break frequency is much less. This is due 

partly to the reduction in fuelling with increasing speed (for a given 

rack position) but this is not of itself a great enough effect to 

explain the results.

If the boost pressure response is assumed to parallel that of the 

turbocharger speed (true at lower frequencies, where the response of 

the inlet manifold can be ignored) then the expected break frequency in 

boost response is given by:

fb
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3

V

'n2 V  rt
N Tt/c t/r

'Hz'

wh^rr n



71

d.m.e.p. responses, the extra phase lag being die to the tenperature- 

and speed-related effects on d.m.e.p. discussed earlier.

5.4.1. Boost Response to Fuel Rack Perturbation

Figure 5.18 shows boost responses at one mpan speed and three different 

mean fuellings. The response is basically first order although the 

slope of the gain curve reaches -30 db/decade and the phase lag is 

correspondingly increased. The break frequency varies with the mean 

rack position; when the mean speed is varied, however, (fiqure 5.19) 

the observed variation in break frequency is much less. This is die 

partly to the reduction in fuelling with increasing speed (for a given 

rack position) but this is not of itself a great enough effect to 

explain the results.

If the boost pressure response is assumed to parallel that of the 

turbocharger speed (true at lower frequencies, where the response of 

the inlet manifold can be ignored) then the expected break frequency in 

boost response is given by;

5.4 Boost Pressure Response
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and and T t are mean values of turbocharger speed and 

turbine torque
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The value of ntis hard to determine but if (n7-n,) is assumed to be 

equal to unity then estimates of the break frequency can be irade; see 

table 5.4 for a canparison of calculated and measured values for those 

results where turbocharger speed was recorded.(Estimated values of 

turbocharger speed do not give good predictions because fb depends on 

the speed squared.) While the estimates are close to the measured value 

of fb , the experimental break frequency is affected by other 

factors (primarily engine speed) which affect the amplitude of turbine 

torque (and which cause the slope of boost response to became steeper 

than -20 db/decade). And since the break frequency in the speed 

response is reduced as mean speed increases, this helps to explain why 

the break frequency in boost response to rack position does not 

increase with increasing mean speed.

Table 5.1 shows measured values of boost steady state gain and figure 

5.20 plots contours of this gain on the engine operating map. Clearly, 

gain increases with both engine torque and engine speed, suggesting 

that it may be related to either engine power or fuel mass flow rate. 

Figure 5.21 plots the steady state gain against the fuel mass flew rate 

as determined from fuelling characteristics previously obtained for the 

same engine. Figure 5.22 plots the same gains against a dimensionless 

turbine mass flow and excellent correlation (0.97) is obtained for all 

tests carried out with maximum turbine inlet area. The dimensionless 

mass flo# is represented by the term

0.7



since these variables are more readily available than m, T„- and Pti erni"
For derivation see Appendix IV.

That the variations in engine speed are responsible for the extra -in 

db/decade slope in the boost responses is suggested by the frequency 

range over which the extra attenuation occurs; it is further supported 

ty demonstrating the dependence of turbine torque on engine speed.

Assuming back pressure equal to 1 bar;

(nssuninjf m a N_ p.0-G nnH Cp a T. °‘2S) F b Kex 11
If it is assumed, further, that

T f . or (A F R ) -0.5 N, 0.5 0.5 -0.3 N, 0.5E a mf K

0.45 0.25
"f

then 0.3 0.5
"f

At low frequencies

0.5 0.5
"f

so that

The strong dependence of turbine torque on engine speed is therefore 

demonstrated at low frequencies. At higher frequencies, the
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turbocharger speed variations are attenuated more quickly (in this case 

because of the small load inertia) than the changes in engine speed, so 

that the dependence still holds true.

5.4.2 Boost Response to Turbine Inlet Area Perturbation

Variations in engine speed which significantly affected turbine toraue 

amplitude in the rack perturbation tests, are much smaller when the 

turbine inlet area is perturbed. As a result, turbine torque will be 

determined primarily by the turbine inlet area and its amplitude can be 

expected to vary less with frecruency. The measured boost responses 

support this (see figures 5.23 and 5.24) since the gain slope is much 

closer to -20 db/decade. Above 4 Hz, the inlet manifold response begins 

to become significant introducing extra attenuation and phase lag into 

the responses (estimated break frequency at 2000 rev/min is 8 Hz). Most 

of the extra phase lag beyond -90 degrees is due to the inlet manifold 

response; the exhaust manifold response may contribute some phase lag, 

but its break frequency is estimated to be much higher than that of the 

inlet manifold (see appendix I). There is no pure time delay in the 

response of boost to turbine inlet area.

Break frequency increases with increasing speed (figure 5.23) but is 

affected little by changes in mean fuelling (figure 5.24).

Table 5.2 gives values of the steady state gain obtained experimentally 

and figure 5.25 suggests contours for the gain values on the engine 

operating map. Just as with the boost response to rack perturbation, 

the gain increases with both engine speed and load. Figure 5.21 shows a
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plot of steady state gains against mean fuel mass flow rate; the 

correlation coefficient is better than 0.9.

Another means of expressing the turbine inlet conditions is to use the 

dimensionless mass flow. Figure 5.26 plots the gain against this; the 

correlation is 0.81. Figure 5.27 shows dimensionless boost gain 

against the turbine dimensionless mass flow. In this case the 

correlation coefficient is 0.97 and the relationship is:- 

A. 8n. m «'T, .
—  ^  - 0.011 ■*?— H -

t r-xm

5.5 Exhaust Opacity Response

5.5.1 Opacity Response to Rack Perturbation

Experimental opacity gain responses are shown in figure 5.28 together 

with the corresponding fuel-air ratio amplitudes, calculated from the 

boost response using the known compressor characteristics and engine 

volumetric efficiency. Both opacity and fuel-air ratio have similar 

responses, at first increasing in amplitude as frequency increases, 

reaching a peak and then settling to a steady amplitude above 1-2 Hz. 

The difference in gain between the two curves is constant with a very 

small standard deviation indicating (since the gain scale is 

logarithmic) that a power relationship exists between the two:

AS - k' A(FAR'

AS AfFAR!
s FAR
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By measuring the offsets in the gain responses and taking into 

consideration the differences in steady state gains of the exhaust 

opacity and fuel-air ratio, the value of k has been determined under 

different engine operating conditions. Its value varies between -1.5 

and -12, having greatest magnitude under conditions of highest mean 

opacity - figure 5.29 shows k plotted against mean opacity. When k is 

plotted against a relative spray penetration (the fuellinq per shot 

divided by the inlet manifold relative density) the relationship is 

more linear (figure 5.30). Typically k lies between -2.5 and -4.0, 

comparing favourably with the value of -3.25 obtained by O'Neill (57) 

for a turbocharged diesel similar in size to the Leyland TL11. Watson 

(28) used a term involving the dynamic equivalence ratio to calculate 

transient smoke levels and found that an index value of 3.73 provided 

the best fit to data from two single-cylinder engines. For a six- 

cylinder turbocharged truck diesel the best fit was obtained with an 

index of 6.62 (Watson's indices are positive because equivalence ratio 

is inversely proportional to air-fuel ratio).

Both O'Neill and Watson assume constant values for the index, and this 

may be reasonable where all the tests involve fuelling close to full­

load values; the present results indicate, however, that the index 

varies and that it appears to vary with fuel spray penetration.

5.5.2 Opacity Response to Turbine Inlet Area.

Engine speed fluctuations are relatively small when the turbine inlet 

area is perturbed so that variations in fuelling per injection can be 

ignored. Air-fuel ratio is therefore determined fcy the inlet manifold
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density; the density is proportional to the 0.6 power (approx) of boost 

pressure so that logarithmic gain plots of the two will be parallel. 

Figure 5.31 shews dynamic responses of opacity and boost pressure 

compared. Below 1 Hz the gains are parallel confirming the power 

relationship between opacity and air-fuel ratio. Above 1 Hz the opacity 

signal amplitude is too small to distinguish clearly from the noise 

present. The much greater phase lag in the opacity response is the 

result of the large transport delay between the exhaust manifold and 

the opacity meter (figure 4.7) to which must be added the time taken 

for changes in boost pressure to affect the exhaust manifold (330 to 

400 degrees CA, depending on engine speed). Also shown in figure 5.31 

is the effect of removing a time delay of 150 msec from the opacity 

phase response - the phase now matches that of the boost pressure. The 

estimated time delay based on the dimensions of the exhaust system etc. 

for the conditions (1600 rev/min and 100 mg/shot fuelling) is 120-125 

msec. The reason for the discrepancy between the two is not understood.

5.6 Turbine Inlet Tenperature Response.

Turbine inlet temperature is also expected to be a function of air-fuel 

ratio, and to a lesser extent of engine speed. Figure 5.28 shows 

corrected turbine inlet temperature gain responses compared with the 

calculated air-fuel ratio gain. There is considerable similarity apart 

from the extra attenuation appearing in the temperature above 0.5 Hz.

All possible experimental sources of this attenuation have been 

exhausted and it must be concluded that the attenuation above 0.5 Hz is 

Aie to the thermal inertia of the cylinder or exhaust manifold walls.

The break frequency in response of the cylinder wall temperatures has



already been estimated to be 0.5 Hz (appendix II) and a first order lag 

of this break frequency would explain the observed response.

Variations in turbine inlet temperature can be expressed as:

AT4 . = AT, + A (AT ) ti ib e'
k„AT I

A(AT ) = k.A(AFR) * ,e 1 1 + t swe

where the last term allows for the effect of variations in wall 

temperatures (of the cylinders, exhaust valves and exhaust ports and 

manifold(s)). The time constant twe corresponding to these wall 

temperatures will not be identical to that affecting the engine 

d.m.e.p. response since the friction is dependent almost entirely on 

the cylinder wall and piston temperatures alone.

Changes in temperature rise across the enqine under steady state 

conditions may also be represented by

A(ATp ) = k3A(AFH) + ^ANp

where at steady state the speed term accounts to a great extent for the 

variations in wall temperature. If it is assumed that

AFR a pb0,6 mf_1

k3 = k4 - 0.5

then excellent prediction of changes in engine temperature rise results 

(figure 5.32). Observed temperatures were recorded about 30 seconds 

after step changes in rack position, so that significant changes in 

engine mean water and oil temperature will not have occurred.



5.7 Non-Linearity

The standard technique in determining the dynamic behaviour of non­

linear systems is to linearise them locally; this assumes that for 

small changes in operating point a non-linear system may be 

approximated by a linear one. This is valid and may be successfully 

applied to regulator problems; what is not valid is to then assume that 

the same response occurs when much larger input perturbations are 

applied.

In the turbocharged automotive diesel the steady state torque gain in 

response to rack movement varies with the amplitude of rack movement as 

well as with mean speed and torque. In an attempt to investigate this, 

differing rack motion anplitudes were used at the same mean speed and 

torque, the maximum amplitude being about 3/4 of the maximum fuelling 

range. The speed responses are shown in figure 5.33 and indicate that 

the shape of the dynamic response is different in the case of the 

greatest amplitude (+38% of maximum fuelling). The other two responses 

(+13% and +3.5%) are very similar to each other. At this operating 

point (nominally 1200 rev/min, 68 mg/shot) fuelling amplitudes up to 

11.5% of maximum fuelling (15 mg/shot) can therefore be used without 

significantly affecting the dynamic response. The degree of non­

linearity varies with operating point and can be expected to be 

greatest at full load, low speed where combustion is closest to 

saturation.

Although the dynamic response (i.e. relative to the steady state value) 

is unchanged by increasing the fuelling amplitude to 11.5% maximum



fuelling, the steady state gain is affected. Figure 5.34 indicates that 

the steady state gains in speed are reduced as the fuelling amplitude 

increases, and this is consistent with saturation effects. The steady 

state gain in speed is reduced by approx 0.25% of the zero frequency 
limit gain per 1% of maximum fuelling amplitude.

The steady state gain in boost pressure at 1600 rev/min also appears to 

decrease as the fuelling amplitude increases; however, at 1200 rev/min 

no change in gain with fuelling amplitude was observed. The dynamic 

responses at 1200 rev/min (figure 5.35) show a similar consistency. It 

is reasonable to expect boost gain to be less affected than engine 

speed gain by non-linearities in the fuelling and torque response. Hie 

non-linearities affecting the speed gain are mainly in the variation of 

thermal efficiency with fuelling, and do not directly affect the boost 

pressure which is dependent on exhaust energy flux.

Harmonic analysis of the engine speed response was carried out at 1200 

rev/min, 104 mg/shot mean fuelling in an attenpt to further quantify 

the non-linearity. The operating point was chosen because of its low 

air-fuel ratio so that the effects of combustion saturation might be 

included. Figure 5.36 shows the amplitudes of the speed responses at 

each of the first six harmonics of the test signal - both speed 

response relative to the rack position and speed response relative to 

the transducer signal. From these two responses the harmonic content of 

the rack motion can be deduced and is shown also; harmonic content of 

the rack motion is better than -55 db. The harmonic content of the 

speed response relative to the test signal at the fourth, fifth and 

sixth harmonics can largely be attributed to noise or harmonic content



in the rack motion. However, at the second and third harmonic 

frequencies there is a significant amplitude which can not be 

attributed to harmonic content of the rack motion, and which is 

therefore generated by the non-linearity of the engine behaviour. The 

second harmonic is -25 db ( ~ 6%) relative to the amplitude of the 

fundamental, and the third is at -44 db (-0.6%); only the second 

harmonic can be considered significant, and its amplitude is not great.

5.8 Accuracy of Measurements

Results given in table 5.1 and 5.2 show a considerable spread in 

measured gains under nominally similar operating conditions. While this 

is partly explained by small differences in the mean operating 

conditions, it is also a result of difficulty in obtaining consistent 

steady state readings. Long thermal time constants exist, e.g. of the 

exhaust manifold walls, turbine casing, engine lubricant and coolant as 

well as that of the test cell air temperature. Winterbone et al (34) 

also had difficulty in obtaining consistent steady state readings for 

an automotive gas turbine.

Some error is due to inaccuracy in determining the actual engine 

fuelling (mg/shot) from the rack position. The FIE fuelling 

characteristics had been measured previously but inaccuracy in these 

measurements and subsequent wear in the FIE may cause errors up to +5% 

in the fuelling amplitude.

Over the 21 month period of the present tests the change in dynamic 

behaviour of the engine has been small as is seen in figures 5.37 and

83
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5.38 which shew speed and boost response obtained under nominally 

similar conditions over a period of more than a year. Only the speed 

response measured in August 1985 shows significant deviation and this 

may be due to the warm ambient conditions.

Owing to the difficulty of measuring accurately the turbine inlet area, 

discussed in section 4.1.4, errors in the estimated turbine area 

amplitudes may be up to +10%. While this will significantly affect the 

steady state gains (as seen in figure 5.26) the dynamic relative 

responses are unlikely to be greatly affected. Figure 5.39 shows boost 

responses to turbine area perturbations, obtained, again under 

nominally similar conditions, but over a period of more than a year.
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6. CONTROL IMPLICATIONS OF ENGINE DYNAMIC BEHAVIOUR

6.1 Choice of Control Variables

The two outputs from the controller are clearly the demand voltages for 

rack position and turbine inlet area actuator position. It is necessary 

to choose which control inputs (i.e. engine outputs) to use, and which 

input-output pairs are to be used if two feedback control loops are to 

employed.

6.1.1 Engine speed

Despite the fact that, in many automotive diesel applications, speed 

governing is not used over much of the engine operating range, feedback 

control of engine speed is necessary not only to achieve stable, 

economical idling but also to prevent overspeeding.

With petrol engines, overspeeding is unlikely unless the throttle is 

opened wide while the transmission is in neutral; at high speeds, the 

S.I. engine torque decreases with increasing engine speed (due to the 

reduction in volumetric efficiency) and the vehicle drag rises sharply 

with increasing vehicle speed.

The torque produced by the automotive truck diesel at high speed is 

much less sensitive to changes in volumetric efficiency and the vehicle 

drag rises less steeply with speed, since the ratio of rolling drag to 

aerodynamic drag is greater than is the case with petrol-engined 

passenger cars.



In addition to the need to prevent the high wear rates and valve damage 

that may result from overspeeding, legislation limiting commercial 

vehicle maximum speed is likely and cruise control is also becomina 

more common. Cruise control allows a given vehicle speed to be 

maintained without further action by the driver. In some applications, 

for example bulldozing and digging, speed governing is required over a 

wide range of engine speeds.

6.1.2 Engine Torque

For many automotive applications engine torque is attractive for use as 

a control variable, since torque (or more precisely variations in 

torque with a given torque-speed characteristic) is really the 

commodity demanded by the driver's right foot. This is, to a large 

extent, what is provided by S.I. engines and by diesel engines fitted 

with 2-speed governors; the carburettors and fuel injection punps are 

developed to give the required torque-speed characteristic and movement 

of the driver's right foot moves the torque curve up and down. This is 

achieved without the use of feedback control of the torque (apart from 

the control applied by the driver himself).

Feedback control of torque requires sensing of the engine torque and 

this is difficult and expensive at present. If torque sensing were to 

become feasible, this would allow more sensitive optimising of engine 

efficiency (some current S.I. engines use engine speed variations to 

indicate increasing torque and this is used to set the ignition timing 

for best economy). In a diesel engine with variable-geometry 

turbocharger the torque signal would allow the turbine inlet area to be
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controlled for optimum efficiency and acceleration.

6.1.3 Exhaust Opacity

In automotive applications exhaust opacity is an important parameter. 

Legislation governs the maximum opacity allowed and social 

considerations require that the exhaust be practically invisible most 

of the time. Sensitive opacity meters, such as the infra-red absorption 

type, suitable for transient control, are currently expensive and prone 

to sooting. While the costs can no doubt be reduced substantially there 

remains the problem of extracting the mean smoke level from a very 

noisy signal (see section 5.5.2). The sensor would have to be placed, 

almost certainly, downstream of the turbine outlet and this will mean 

that there will be a significant transport delay. Control techniques 

exist to cope with large time delays (78), but the optimum control 

achievable is prejudiced by the length of the delay. However, if 

opacity sensors become cheap and reliable enough for automotive use, 

this would allow the greatest possible torque to be achieved during 

vehicle acceleration without exceeding specified limits on exhaust 

opacity.

6.1.4 Air-Fuel Ratio

While torque sensing allows the air-fuel ratio to be controlled (by 

means of turbine inlet area) for optimum efficiency, it provides no 

control over exhaust opacity. Sensing of the air-fuel ratio allows both 

efficiency and exhaust opacity to be controlled, although the final 

result cannot be as good as when torque and exhaust opacity are sensed
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directly and each regulated by means of feedback control. The air-fuel 

ratio nust be scheduled to give the best efficiency over the engine 

operating map and a minimum air-fuel ratio used to limit the transient 

exhaust opacity. Tliese air-fuel ratio values will have to be determined 

empirically.

Until exhaust oxygen sensors are developed sufficiently to give 

continuous control under the very lean conditions found in turbocharged 

diesel engine exhaust gases, the best means of sensing air-fuel ratio 

is probably to sense inlet manifold boost pressure and temperature.

A knowledge of volumetric efficiency and fuelling as functions of 

engine speed and rack position is then required to determine the air- 

fuel ratio. While this approach ignores the variation of volumetric 

efficiency with cylinder wall tenperature under transient conditions, 

it has the great advantage of allowing the trapped air mass to be 

estimated before the fuel rack position is sampled for the next 

cylinder to fire. Where controller sampling takes place once per 

cylinder firing, this allows the fuelling to the next cylinder to be 

limited according to the specified minimum air-fuel ratio (provided 

that the rack actuator has a sufficiently fast response).

An alternative method is to measure total air mass flow rate - e.g. by 

orifice flow meter or hot-wire probe upstream of the turbocharger 

compressor inlet. This requires the monitoring of an extra parameter 

(either pressure drop or local air velocity) in addition to the ambient 

temperature and pressure. The cost of sensors and their associated 

wiring probably rules this option out since the cost of adding software
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to calculate the volumetric efficiency will normally be negligible.

6.1.5 Turbine Inlet Temperature

In the gas turbine, turbine inlet temperature determines maximum cycle 

terperature and thermal efficiency; in order to maximise efficiency 

within the constraints of material creep resistance and to obtain the 

best transient response Winterbone et al (64) chose turbine inlet 

temperature as one of the two control inputs.

Aldren (27) considered controlling turbine inlet temperature in a 

turbocharged diesel, but in this case peak tenperatures occur 

intermittently and within the confines of the closed cylinder. Burnt 

gases are not released to the exhaust manifold until they have cooled 

substantially. In addition, air-fuel ratios are generally high, and as 

a result turbine inlet temperature is usually satisfactory if the 

turbocharger is well-matched to the engine (79). This is also true with 

variable geometry turbines except that at peak torque, the turbine 

inlet temperature may rise if the maximum increase in b.m.e.p. made 

possible by the increased air flow is used.

The measurement of turbine inlet temperature currently involves a 

conpromise between response time and robustness and

at present the minimum usable time constant (due to the thermal inertia 

of the thermocouple probe and protective shielding around it) will be 

at least one second. This is insufficient to allow the temperature to 

be controlled satisfactorily without derivative action, and derivative 

action increases signal noise.
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For these reasons, it was decided not to use turbine inlet tenperature 

as a control input. It will be assumed that any limit on turbine inlet 

tenperature (e.g. due to the specification of a less expensive turbine 

wheel or housing material) will be compensated during engine 

development either by matching the turbocharger to give higher air-fuel 

ratios, or by increasing the valve overlap period in order to dilute 

the exhaust with cooler air.

6.1.6. Inlet Manifold Boost Pressure

Apart from its possible use in determining trapped air fuel ratio, 

boost pressure may be used as a control input in its own right; it can 

be used (without knowledge of the inlet manifold temperature) as a 

crude measure of trapped air mass which, to a great extent, 

automatically compensates for changes in ambient pressure (whether due 

to atmospheric conditions or altitude). In its simplest form, a fixed 

reference value of boost pressure may be used so that the feedback loop 

attenpts to maintain a constant boost pressure, and this has advantages 

where transient response is most important (see chapter 7).

In applications where part load fuel economy is important the reference 

boost pressure would have to be varied, in addition,as a function of 

engine fuelling and/or speed. This relationship is potentially 

complicated and in the limit becomes equivalent to controlling the air- 

fuel ratio. However, because of the limited turndom ratio achievable 

with current variable geometry turbines the turbine area will be either 

fully open or fully closed over much of the engine operating range; as 

a result, a simple scheduling of desired boost pressure can probably



achieve a good conpromise between thermal efficiency and transient 

response. It will not be able to compensate for changes in ambient 

tenperature.

6.2 Effect of Interaction when Engine Speed and Boost Pressure are 

used as the control inputs

6.2.1 Effect on Steady State Conditions.

Table 6.1 shows the effect of the interaction terms at steady state 

when the control inputs are engine speed and boost pressure. All-speed 

governing is assumed and typical feedback gains are used for the two 

feedback loops. The system assumed is that of figure 6.1 and the 

results give the magnitude of the effects of interaction without 

indicating whether the effect is beneficial or not. The effect of 

interaction on steady state speed is greatest at low speed high load 

and at high speed high load; in the mid-speed range the effect of 

interaction is much less.

The effect of interaction on steady state boost is greatest at low 

speed and high load, falling gra&ially with increasing speed and 

reducing load.

The term ^oowhich gives an idea of the magnitude of the

effect of interaction on stability (see section 3.3.3) has greatest 

magnitude when the engine is operating at lew speed, high load and at 

high speed, high load; these are the same conditions under which the 

effect of interaction on steady state speed is greatest.

' l l
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6.2.2 Effect on stability under feedback control

In order to determine properly the effect of the interactions on 

stability when controlled fcy two feedback loops, the dynamic responses 

nwst be taken into account. The value of the interaction stability term 

, . under steady state conditions indicates that the effect

on stability is likely to be greatest at either low speed, high load or 

at high speed, high load. At high speed high load, turbine inlet area 

will be fully open and interaction has no effect on stability; however 

at medium load high speed (2200 rev/min 4.4 V fuelling) the term is 

still significant and its effect on feedback stability needs to be 

examined since, if a fixed value of reference pressure is used, the 

turbine inlet area will be partly open under these conditions.

Stability with such a system is examined in chapter 7, using the 

characteristic equation method.

Where the reference pressure is varied with engine operating point the 

turbine inlet will be fully open at high speed, whatever the load. In 

this case the problem of possible feedback instability due to 

interaction is removed at high speed and the stability need be examined 

only at the peak torque condition.
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The approximate transfer function under peak torque condition, with 

gains expressed in terms of actuator and sensor output signal voltages, 

is given belcw:-

where Vy

I“  1 .3e - 0 -017l w 0 0 i g e -O.O24jw - — —

( l+ 0 .3 8 jw )  ( I + 0 .0 3 9 jw ) ° -33 (1 + 0 .6 jw )  

2 . 6 0 e - ° - 0293w 0 .1 4 5 e - ° -O2753w

V
Xf

(1 + 0.67 jw) (1+1.25jw ) ( l + 0 . 0 2 9 jw ) ° ‘ 3
V

rt

, Vr a re  v o l t a g e s  corresponding  to  rack p o s i t io n  and turb ine  
t area  a c tu a to r

The responses given above do not include the responses of the 

actuators. Since the two actuators have very similar responses their 

inclusion in the transfer functions will not significantly change the 

effect of interaction on the stability, although they may change the 

crossover frequencies. The only significant difference between the 

responses of the two actuators is the response of the turbine area 

actuator linkage; at peak torque this introduces an extra 1 db 
attenuation and 10 degrees phase lag at 6 Hz.

The quoted transfer function for speed response to turbine inlet area 

does not describe the increase in amplitude at lew frequency but is 

valid above 0.5 Hz.

Figure 6.2 shows the array of Nyquist plots for these responses. 

Attenpts to diagonalise the natrix by means of a pre-conpensator proved 

fruitless, indicating that the array as it stands is singular. This was 

confirmed by looking at the eigenvalues of the matrix G t(0)G(0); the 

ratio of square roots of the largest and smallest eigenvalues is about
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50 (a value greater than 10 indicates that the matrix G(O) is 

singular). This is not entirely surprising since the choice of 

calibrations for the actuator and engine output signal voltages had 

been made on the basis of convenience for signal handling alone.

Scaling of the controller input and output voltages is necessary to 

restore satisfactory relative magnitudes of the different transfer 

functions (see figure 6.3). A preccmpensator can now be applied to 

optimise the diagonal dominance (the 'Align' algorithm available in the 

suite of programs at the UMIST Control Systems Centre will do this for 

any chosen frequency).

Figure 6.4 shots the Nyquist plots when the precompensator optimising 

the diagonalisation at 3.3 Hz is included. The Gershgorin bands are 

shown and, since these do not include the origin, may be used to 

examine the maximum effect of the off-diagonal (interaction) terms on 

stability under feedback control. Figure 6.5 shows the same responses 

expanded to show more detail in the region closest to the critical 

point (—1+jO) . As is clear from the size of the Gershgorin discs, the 

chosen preconpensator has reduced to a small amount the effect of 

interaction on stability.

Plotting the corresponding closed loop responses (figure 6.6) confirms 
that the amplitudes of the off-diagonal terms is less than those of the 

diagonal terms at all frequencies up to the maximum shown (7 Hz). The 

analysis of chapter 7, however, shows that this kind of preconpensation 

is not necessary to ensure stability when boost pressure is used as the

second variable.



6.3 The Effect of Interaction when engine speed and trapped air- 

fuel ratio are used as control inputs.

6.3.1 The Effect on Steady State Conditions

Table 6.2 gives steady state interactions and values of the interaction 

stability term for the same engine when the second input to the 

controller is air-fuel ratio. These values assume no precampensation 

and the typical interactions assume changes in reference speed and air- 

fuel ratio (AFR) of 500 rev/min and 3 ratios respectively.

Changes in AFR due to interaction are not great, even when speed 

governor action is applied, but these values ignore possible saturation 

of the actuators.

At steady state the interaction stability termr|o>ioi has a

magnitude similar to that when boost pressure is used as the second 

variable. In the case when the second variable is air-fuel ratio, 

however, the interaction appears to be greater at high speed than at 

peak torgue.

6.3.2 The Effect of Interaction on stability under feedback control.

Using the characteristic equation to determine the limits of stability 

in the gain plane, confirms that at high speed the interaction has a 

significant and, in fact, detrimental effect on stability under 

feedback control (figure 6.7).
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The analysis assumes no preconpensation, a load inertia equal to that 

of the engine, flywheel and dynamometer and assumes actuator responses 

similar to those fitted to the TL11 engine. Under these assumptions the 

feedback gain in the air-fuel ratio loop must be reduced to less than 1 
im of actuator movement (approximately 9% reduction in turbine inlet 

area) per APR if a satisfactory governor runout is to be maintained 

(0.83 mg/shot per rev/min is equivalent to a runout of about 150 

rev/min). When the increased load inertia seen in a vehicle is taken 

into account, the air-fuel ratio feedback gain may be increased to 

about 2 rnn per AFR. However, since the turbine inlet is likely to be 

fully cpen at all loads at high speed, possible stability problems will 

only occur at the highest speed at which turbine area reduction takes 

place. The stability margin will be further reduced if the moment of 

inertia of the turbocharger rotor is reduced.

At peak torque (figure 6.8) the effect of interaction is less 

significant, confirming the impression obtained from looking at the 

amplitude of the term u j / i i j  |ti0r,at steady state. A satisfactory 

margin of stability is almost maintained with the desired feedback 

gains even under all-speed governing, and the situation is improved 

when the increased load inertias seen in service are taken into 

account.

In conclusion, where air-fuel ratio and engine speed are used as the 

two controlled variables there should be no problem with instability 

resulting from the interaction terms in engines with 2-speed governing. 
Where all-speed governing is employed, some feedback instability may 

occur at full load just below maximum speed, where turbine area

9b
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reduction is beginning to take place. In this case a reduction in the 

air-fuel ratio feedback gain will solve the problem, if multivariable 

preconpensation is not to be used.

Turbine inlet area may be scheduled to vary with engine speed, with 

minimum area required at peak torque speed and maximum area at high 

engine speeds. This means that part-load efficiency at higher enqine 

speeds is not sacrificed substantially, while at low speed the best 

possible boost is available at all times to provide optimum transient 

performance.

From the viewpoint of feedback control stability this is a simple 

problem, since there is now only one engine output (engine speed) 

subject to feedback control. Figure 6.9 shows the corresponding 

transfer function diagram.

For an automotive (truck) diesel engine, assuming a governor runout of 

150 rev/min and a change from maximum to minimum turbine aroa in 600 

rev/min, the steady state values are within the ranges:

Clear ly ,  the s t a b i l i t y  o f the speed feedback loop i s  not a f fected

6.4 Turbine area scheduling as a function of engine speed

n.

N,Eref

5 < kjin  < 25

0.1 > k2*12 > -0.3

gr ea t l y .
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7. CONTROL STMILITY UTOER SIMPLE BOOST FEEDBACK CONTROL OF

TURBINE AREA

Ideally in a turbocharged engine with VG turbine a multivariable 

controller should be applied to control engine speed and boost 

simultaneously, making due compensation for interaction; this will 

probably require digital control methods.

Such an approach undoubtedly increases the first cost of the engine and 

requires integration of turbine area control with the engine speed 

governor, which has until now been the responsibility of the fuel 

injection equipment (FIE) manufacturer. In the short term at least, 

there is believed to be a market for variable goemetry turbochargers 

having simple control technology and which can be fitted to the engine 

independently of the FIE. This also allows easy fitting to engines 

already in service.

One simple control strategy is to adjust turbine inlet area so as to 

try to keep inlet manifold pressure constant. This produces variations 

in turbine inlet area under steady state engine conditions as shown in 

Figure 7.1. Such a system requires no integration of the turbine area 

control with the speed governing function; it gives good full load 

performance and good transient performance, and can be achieved using 

the boost pressure itself to actuate the changes in A t. Engine part 

load efficiency is impaired by high back pressure, tut in some 

applications this is not a major problem. The transfer function diagram 

of such a system is shown in figure 6.1.



Ttiis chapter examines the control stability of a 200-250 kW automotive 

diesel engine having such boost feedback control of VG turbine area. 

Stability is considered under different engine operating conditions, 

with both 2-speed and all-speed governing. The effects on stability of 

effective load inertia, turbocharger rotor inertia and actuator 

response are considered.

For automotive diesel systans the gain crossover frequency, at which 

phase margin is measured, and the phase crossover frequency, at which 

gain margin is measured, are generally within the range 1 to 5 Hz, 

although as electronic control (analogue or digital) is applied 

together with faster actuators, the upper end of the range may approach 

10 Hz.

7.1 Method

The analysis uses the characteristic equation to determine limits of 

stability for the system, plotted in the gain plane (where the two axes 

represent the gains in the two feedback loops) as described in Section 

3.3.2. The characteristic equation may be written as:-

The analysis makes use of frequency response obtained on the TL11 

engine and also some responses from a 10 litre engine. Each engine is 

fitted with a Holset VH2C turbocharger - essentially an H2C 

turbocharger with prototype variable geometry mechanism and pneumatic

C r,n

4-

A r
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(boost pressure) actuation. Some responses were measured on the 

turbocharger itself.

The assumed speed governor response is shown in Figure 7.2 where it is 

compared with measured responses typical of mechanical governors fitted 

to this type of engine. The assumed response is equal to the best of 

the measured responses which all refer to a mid-speed, 60% load 

condition. Steady state speed governor gain is varied in the range 8 to 

160 per cent maximum fuel per change in speed (as per cent of rated 

speed). Values of 10 to 14 per cent are typical for automotive diesels 

of this type at maximum speed.

Boost feedback response including actuator response was measured on the 

turbocharger and steady state gain is varied between 2.5 and 60 per 

cent A^(i.e. per cent of fully open area) per change in boost pressure 

(as per cent of absolute boost reference pressure); the preferred 

value for good transient and steady state performance, 5% At per % Pfc 

(abs), implies a narrow pressure range within which the turbine area 

actuator may operate free of the stops (as indicated in figure 7.1).

7.2 Stability Analysis in the Absence of Speed Governor Action

In many automotive applications a 2-speed governor is used so that 

explicit speed feedback occurs only at maximum speed and lew speed 

idle. There is implicit feedback, however, since fuelling varies with 

engine speed, the fuel injection characteristics being chosen to give a 

small increase in fuelling with decrease in speed in order to achieve 

the desired torque back-up.



At high load and with engine speed close to peak torque speed the 

estimated steady state gain values for the functions in equation 7.1 

are given in table 7.1 for a typical 200-250 kW turbocharged diesel 

engine; the estimated ranges of uncertainty are given in brackets.

The terms in equation 7.1 then have the following steady state 

magnitudes, assuming boost feedback gain has the desired value of 5% A 

per % change in absolute boost pressure:-

A

B

C

C.

c2/c,

0.32 (0.0 - 0.4)

2.54 ( 1 - 6  f

0.716 (0 - 3.1)

0.4 (0.24 - 0.6)

0.042 (0.026 - 0.08)

Dimensionless

11% rising to 15% above 1Hz.

At steady state, term C 2 , the pro&ict of the interaction terms is 
small compared to C, , the product of the direct gains g Xi and g u ; at 

higher frequencies of interest (2-10 Hz) the interaction becomes more 

significant and will affect the system stability. The low frequency 

interaction between loops can probably be ignored since small steady 

state errors in speed are unlikely to be important in automotive 

applications (although steady state errors in boost may affect the 

smoke-limited torque curve).

In the absence of speed governor action there is clearly sufficient 

margin in the speed feedback loop; figure 7.3 shows the stability 

margin in the boost feedback loop is also sufficient and that, if
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anything, interaction improves the stability slightly.

7.3 Stability analysis with speed governor action

7.3.1 Idle Speed Control

Since boost pressure at engine idle speed is well below the range 

within which actuator motion occurs, no feedback occurs in the boost 

control loop. This is so even if, for the sake of improved transient 

response, the turbine area is reduced to its minimum value at engine 

idle in order to raise the minimum boost pressure. In this latter case 

the actuator is at the other limit of its range; and in both cases k is 

zero and the system is effectively single-input single-output with 

stability determined solely by the speed feedback loop.

7.3.2 Maximum Speed Control (Governor Runout)

Typical steady state gain values for the transfer functions under 

maximum speed governing (point 3 of figure 7.1) are given in Table 7.2 

with ranges in brackets.

7.3.2.1 Effect of Engine Load Inertia

Since speed response break frequency is generally well be lev the range 

determining control stability, any increase in load inertia reduces 

gain more significantly than it increases phase lag and thus improves 

the stability margin. Instabilities that appear on the test-bed, 

therefore, will not necessarily appear when the engine is operating in a
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vehicle.

The engine is under load, other than momentarily, only when a gear is 

engaged; total effective inertia increases with vehicle load and 

inversely with gear ratio. Minimum effective inertia under load is 

estimated to be at least 2.5 times that of the engine and flywheel 

alone (see appendix V).

The assunption that the transmission is torsionally rigid is valid 

provided the natural frequency of torsional oscillations is not close 

to the frequency determining control system stability. At frequencies 

close to the transmission natural frequency, typically between five and 

ten Hz, the effective load inertia seen by the engine may be 

substantially reduced; this will reduce the stability margin and may 

cause hunting.

The stability with an effective inertia of 2.5 times that of engine and 

flywheel is shown in fig. 7.4. Stability margin in the speed loop is 

now ample and stability in the boost loop is also inproved.

7.3.2.2 Effect of Improved Boost Actuator Response.

Figure 7.5 shows stability limits after improving boost feedback 

response to simulate that of a 10 Hz bandwidth actuator controlled 

digitally with total time delay of 20 msec. In the 1-5 Hz range 

determining stability, such a feedback path has negligible attenuation 

of gain but moderate phase lag. Whilst improving resonse time this can 

be expected to reduce stability margins in the boost feedback path as



can be seen when comparing with figure 7.4. Interaction now has 

negligible effect on boost loop stability but does affect speed loop 

stability.

7.3.2.3 Effect of Reduced Turbocharger Inertia

Turbocharger response break frequency is usually well below one Hz, so 

that reducing the turbocharger inertia increases the gain in the 1-5 Hz 

range without significantly reducing the phase lag. As expected this 

reduces the stability margin (figure 7.5); however, the margin appears 

sufficient even with the turbodiarger inertia reduced by 60%.

Where reference boost pressure is varied with engine load (i.e. to 

optimise part load b.s.f.c.), turbine inlet area will generally be 

fully open at or above engine rated speed and the boost loop will no 

longer affect stability.

7.3.3 Mid Speed Range

With an all-speed governor, the stability margins form a continuum 

covering the whole of the engine full load speed range and stability at 

higher engine speeds (point 2 of figure 7.1) is similar to that at 

maximum speed.

Figure 7.6 shows stability near peak torque speed (point 1 of figure 

7.1), assuming a load inertia of 2.5 times engine inertia. When the 

turbocharger inertia is reduced the stability margin in the boost loxp 

is again reoluced and an inprovement in the boost actuator response

104
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further reduces the boost loop stability. Interaction actually inproves 

the stability of the boost loop and in the case of reduced turbocharger 

inertia (lines labelled A-A) will help to maintain sufficient margin in 

the desired feedback gain operating range. When the boost feedback 

response of the form used in the section above is combined with reduced 

turbocharger inertia (lines B-B) the stability margin in the boost loop 

is insufficient.

7.4 Sunmary

The use of boost pressure instead of trapped air-fuel ratio as the 

second variable, while conpromising the part load fuel economy, 

considerably sinplifies the feedback control of the engine.

Interactions between the boost feedback loop and the speed feedback 

loop are small in an engine of this type and generally improve 

stability margin. Feedback control of boost pressure can therefore be 

applied without the need for multivariable preconpensation.

Stability margin in the boost loop is least at the peak torque 

condition and instability is likely to result at this operating point 

if a reduced turbocharger inertia is combined with fast actuation and 

digital control of the turbine inlet area.

Provided that the frequency of transmission torsional resonance is not 

close to the frequency determining control stability, minimum load 

inertia seen by an installed engine under load will be several times 

that of the engine and flywheel alone. This implies that control



instabilities seen on the test bed may not appear under installed 

conditions.

10̂
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8. DESIO) OF A SUITABLE MULTIVARIABLE DIGITAL CONTROLLER

8.1 The Hardware

An Apricot XilO micromputer was used to implement digital control onto 

the TL11 engine. The conputer has an Intel 8086 16-bit microprocessor, 

an 8087 floating point arithmetic co-processor and 256 kilobytes of 

random access memory (RAM). A hard disc stores programs, data files 

etc.

A high-speed, 12 bit analogue-to-digital converter (ADC) was connected 

to the microconputer communication bus and linked via a multiplexer to 

ten input channels. Eight channels may be scanned repeatedly at 40 

microseconds per scan - equivalent to a data transfer rate of 2.4 

megabaud. Three 12-bit digital-to-analogue converters (DAC's) enable 

the controller outputs to be converted into voltages to operate the 

actuators on the engine.

A clock/timer programmable from one microsecond to one second was 

included to control the ADC, but timing pulses originating from the 

engine flywheel may also be used (flywheel markers are less prone to 

error due to torsional oscillations than markers located at the free 

end of the crankshaft).

The specification is higher than will be required for production 

automotive diesel engines since the same equipment is to be used for a 

wide variety of research identification and control work.
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8.2 The Control Algorithm

The algorithm provides all-speed governing and control of the air-fuel 

ratio for best efficiency (within the limits of the turndown ratio of 

the turbine inlet area). Optimum air-fuel ratio, determined from 

steady-state tests, is specified as a function of engine speed and the 

difference between this and actual air-fuel ratio is used to generate a 

corresponding boost pressure error. This optimum air-fuel ratio 

involves a compromise between combustion efficiency and pumping losses 

and is generally less than the 30:1 ratio that is optimum for 

combustion.

The rack position voltage corresponding to the maximum torque curve is 

specified as a function of speed, but during transients (and at low 

speed, high load) the maximum fuelling may be overridden by the need to 

maintain a minimum specified air-fuel ratio. In addition the rate of 

change of rack position and turbine inlet area are limited.

Engine speed demand voltage is input via the ADC and the speed error 

can be integrated, if required, for more accurate steady state speed 

control.

In order to calculate trapped air-fuel ratio the controller requires 

knowledge of the volumetric efficiency (specified at a function of 

engine speed), swept volume and the inlet manifold boost pressure and 

tenperature. In addition fuelling (in mg per shot) needs to be known as 

a function of speed and rack voltage, but this can be simplified since 

accurate knowledge of the air-fuel ratio is required only at medium and



high loads; at lev loads exhaust opacity is not a problem and turbine 

area has little effect on air—fuel ratio. A flow diagram of the 

algorithm is given in figure 8.1.

10°

The following relationships are assumed for the TL11 engine with 

Majormec fuel injection pump:

^ vol 0.93 - 0 .9 x TO'7 (H,. - 1500)?

(AFR)opt - 29 [lip >2100 rev/ninj
= 29 - 0.2 x 10‘6 (Ke - 2100)2

pl100<l.'E < 2 lOOl

= 22.5 [HE <1100]

mf = 10 - mf \  - mg/shot

Ir̂-if>

where m^ is the fuelling when Vy  ̂= 5.67

m'= 103 - 0.005 ( N E - 1500) (1-0.21 x 10'5 (NE -1500)

To reduce signal noise all inputs were scanned eight times in quick 

succession; the first scan was discarded, since data in the first scan 

was occasionally corrupted, and the remaining scans were averaged to 

obtain the inputs to the algorithm. In addition, small values of speed 

error and boost error were divided by three; this effectively reduces 

the gain applied to signal noise and makes for smoother engine running, 

and reduced actuator wear. Larger values of the errors were reduced by 

the amount necessary to avoid discontinuity of the gain values.
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8.3 Scaling and Preconpensation.

The controller can operate without multivariable precompensation and in 

this case control is effectively by two independent feedback loops 

(although the boost error depends on the output signal to the rack 

actuator). However, since the controller operates by controlling air- 

fuel ratio rather than boost pressure the stability of the feedback 

control system will correspond to the analysis with air-fuel ratio as 

the second variable. Since this analysis (Section 6.3.2) indicated 

insufficient gain margin at high load, high speed (particularly if the 

load inertia is small) it was decided to include a precompensator 

matrix with non-dynamic terms to reduce the effect of interaction on 

the control stability. Inverting the steady state gain matrix often 

results in a beneficial preconpensator; in this case since the matrix 

of steady state voltage gains had been found to be singular (section 

6.2.2), it was necessary to apply scaling before inverting the matrix.

Table 0.1 shews suitable input and output scaling matrices, and SQ 

respectively, determined at different engine operating points. The 

elements of S0 do not vary greatly and may be approximated by fixed 
values of 0.8 and 0.18 for the diagonal elements.

The steady state gain matrix G(0) has been determined from experimental 

results:

Y (0) = G(0) 0(0)

where Y is the vector of engine outputs 

U is the vector of engine inputs



Scaling is applied to G (0) to obtain the best diagonalising of G*(0):

G (0) = SoG*(0)St

In order to calculate the engine inputs (i.e. control outputs) 

necessary to achieve the desired outputs (i.e. the reference values of 

the control inputs) it is necessary to invert:

U(0) = (G*(0)Sl)',So'1 Y(0)

Table 8.2 gives the values of the matrices G*(0)S^ and (G*(0)Sl) when 

the value of S„ is fixed as above. The controller input scaling, S0"', 

has diagonal elements of 1.15 and 5.55, which can be simplified 

conveniently to the integer values 1 and 5. This means that input 

scaling need only be applied to the boost error value. Output scaling 

can be combined with the preconpensator matrix.

Applying less weight to the values at 1600 rev/min, where interaction 

has less effect, the resulting terms of the preconpensator matrix,

(G* (O)S^)'may be approximated hy:

Pn = 2.0 - 0.7 x 10'3 n e

P.l = -0.5 + 0.28 x 10'3 N

Pw = -1.1 + 0.45 x 10‘3 N

P ll = 0.7 - 0.3 x i o'3n e

In order to vary the gain in the speed feedback loop with engine load
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an extra term was introduced into the relationship for p |(

PM = (2.0 - 0.7 x 10'j N £) (0.25 + 0.75 VXf )

T"
During program initialising the precompensator terms are multiplied by 

the appropriate constant feedback gains.

8.4 Program execution time.

The program consists of 400 lines of FORTRAN (See appendix VI) of which 

200 are repeated each sample period. This repeating section executes 

in about 10 milliseconds, allowing cylinder-to-cylinder control at 

engine speeds up to 2000 rev/min on a 6-cylinder four-stroke engine. 
This has been achieved by using 16-bit integer numbers wherever 

possible and placing repeated calculations in the initialising part of 

the program. Real numbers are used when necessary for accuracy. Further 

reductions in conputing time may be achieved by, for example, omitting 

actuator slew rate control and integral action and averaging three 

rather than seven scans of the input signals.

To reduce the time delay between the sampling of the engine outputs and 

the resulting output of new voltages to the actuators, the calculation 

of slowly-varying parameters such as volumetric efficiency, optimum 

air-fuel ratio and preconpensator terms is carried out after 

the outputs have been put to the DAC'S.

The engine flywheel has just one timing marker and the extra two 

sampling instants per revolution are generated by means of the timer.
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The timer periods are determined from the known instantaneous engine 

speed and corrected for the execution time that elapses before the 

timer is set.

8.5 Controller Performance

The controller gave smooth control at engine speeds up to nearly 2000 

rev/min. When sampling was not synchronised to the flywheel pulses, a 

sample frequency of 25 Hz was insufficient to give smooth control; 

increasing the sample frequency to 75 Hz gave smoothness of engine 

running equal in smoothness to that obtained with the analogue 

controllers installed with the test cell instrumentation. Sampling once 

per cylinder firing, synchronised with the engine marker also gave 

smooth control.

Several tests were carried out with the digital controller where a step 

increase in demand speed was applied. The feedback gains were adjusted 

to values suitable for automotive use i.e., approximately 0.8 mg/shot 
per rev/min and 2 mm turbine area actuator movement (18* of maximum 
turbine inlet area) per air-fuel ratio. In order to obtain a consistent 

time base for the dat3, sampling frequency was fixed at 80 Hz and not 
synchronised with the engine cycle.

Figure 8.2 shows the engine response with multivariable, digital 

control compared with the response obtained with the test cell analogue 

speed controller (without control of turbine area). Engine speed is 

stepped from 1200 to about 1900 rev/min along a windage curve of the 

dynamometer. There is little to choose between the two responses, since
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the feedback gains in the speed loops are similar. With the digital 

controller, however, it is possible to increase the gain at higher 

engine fuellings without causing instability at part load (since the 

gain can be varied with operating point) and the best performance with 

the digital controller is better than that achievable with analogue 

control. In applications where exhaust opacity must be limited, the 

resulting inprovement in engine performance may not be great.

The boost signal appears very noisy; much of the fluctuation is removed 

when the controller sampling points are synchronised with the engine 

cycle. The inlet manifold pressure is subject to large fluctuations 

resulting from the unsteady outflow as the airflow is alternately 

restricted and released and switched from one inlet port to another.

The fluctuations have the same periodicity as the engine firing, so 

that sampling once per firing significantly reduces the variation seen 

by the controller. Sanpling the inlet manifold pressure shortly before 

IVC for each cylinder would enable a good estimate to be obtained of 

the air mass to be trapped in that cylinder.

Figure 8.3 shows the effect of changing the minimum air-fuel ratio 

specified to the controller from 19:1 to 18:1. Maximum fuelling is cut 

back slightly and exhaust opacity significantly reduced without a large 

change in speed response.

The instability predicted when feedback control of air-fuel ratio is 

used and the engine is operating at high speed, high load with a snail 

inertia (section 6.3.2) was not noticed on the test bed, but this may 
be a result of the conservative slew rate limit applied to the turbine
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9. CONCLUSIONS AND FURTHER WORK

9.1 Overview

The stability of a turbocharged automotive (200-250kW) diesel engine 

with variable geometry turbine under feedback control has been 

examined. Towards this end, frequency response measurements have been 

made on such an engine.

Frequency response measurements were used because of their particular 

advantages in identifying non-linear systems and because they allow 

greater insight into the dynamic behaviour of the system to be gained 

(than when step responses alone are used). A significant contribution 

to the use and interpretation of frequency response measurements on 

internal combustion engines, particularly diesel engines, has been 

made. These include dynamic torque and smoke responses and.it is 

believed, the first experimental measurements to be published of engine 

response to turbine area perturbations. The results give further 

insight into the dynamic behaviour of turbocharged diesel engines.

9.2 Engine Frequency Response Results

All the engine transfer functions, except that of the engine speed 

response to turbine inlet area under certain conditions, were found to 

be dominated by a single first order response and the time constants 

have been related to the inertia of the engine (with its load) and of 

the turbocharger. The exact break frequency depends on the dynamometer 

load-speed characteristic and the variation of fuelling and thermal



efficiency with engine speed. The turbocharger time constant depends on 

the normalised variations of the turbine and compressor torque with 

turbocharger speed; the difference between these two is approximately 

unity.

The slope of the gain curve in the response of boost pressure to fuel 

rack perturbation is significantly steeper than the -20 db/decade of a 
first order system and it has been shown that this is a result of the 

variations in engine speed.

Frequency responses of dynamic engine torque (or dynamic mean effective 

pressure - d.m.e.p.) have been derived from measured shaft torque and 

engine speed responses. These show a substantial drop in engine torque 

amplitude with frequency at most engine operating points. The changes 

in slope of these responses correspond with the changes of slope in the 

boost and engine speed responses, the greater effect being associated 

with the speed changes. Attempting to predict the speed-related effects 

by taking account of the variations with speed of fuelling, thermal 

efficiency and pumping losses proved fruitless and indicated that wall 

temperature effects (on volumetric efficiency, f.m.e.p. and thermal 

efficiency) must dominate the dynamic torque response and cause the 

measured 6-8 db (50-60%) attenuation above 2 Hz. The time constant of 

the wall temperature variation is estimated in this case to be close to 

that of the speed responses, so that it is difficult to distinguish 

between the two effects in the frequency response plots. In order to 

successfully predict dynamic torque using conputer simulations it will 

be necessary to take account of these effects of temperature on 

frictional losses.

117
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Hie phase curve in the dmep response is not that of a pure time delay, 

but when the phase corresponding to the slope of the gain curve is 

subtracted, the resulting phase curve is very close to that of a pure 

time delay - the diesel torque delay. The average measured value was 69 

degrees CA, and if the extra delay is added to allow for sampling at 

the beginning, instead of at the end, of injection then the total delay 

is close to 80 degrees CA. On top of this is a random delay of up to 

one firing period, when step changes in rack position take place that 

are not synchronised with the instants at which the fuel injection pump 

samples the fuel rack position. The results support the value suggested 

by Garvey of between 90 degrees CA and 90 degrees CA plus one firing 

period.

Inverse transformation of the dmep response indicated that 95% of 

steady state torque would not be achieved until 0.75 seconds after a 

step change in fuelling. Averaging the loss in torque over 4 seconds 

gave a mean loss of 4.5% of the final (steady state) value, and this 

compared well with the 5% loss that Winterbone et al had to introduce 

into their simulations to correctly predict the transient performance 

of a turbocharged diesel engine.

Frequency response of the exhaust opacity to fuel rack perturbation 

showed clearly the dependence of opacity on a negative power of the 

air-fuel ratio, as Watson had assumed and O'Neill had shown previously. 

In this case the index in the relationship while mainly being in the 

range -2 to -4 was found to increase substantially as the mean air-fuel 

ratio decreased (and mean opacity increased). The index varied 

approximately linearly with a sinple parameter representina injection



119

spray penetration.

9.3 Feedback Control Stability

Feedback control of engine speed and boost pressure was shown to suffer 

only small effects from the interactions between the two feedback 

loops. The interaction was shown, in this case, to actually improve 

the stability margin of the feedback control system, so that 

precompensation is not necessary and it is possible to bolt a VG 

turbocharger with built-in boost pressure control unit onto the engine 

without the need to interface with the engine speed governor.

If air-fuel ratio is chosen as the second control variable, instead of 

boost pressure, the interaction between the feedback loops is greater 

and is detrimental to the stability of the control system. The worst 

engine operating point for stability was shown to be when the engine 

operates at high speed and high load and the analysis indicated 

instability under these conditions, when the load inertia is small. 

Future reductions in the moment of inertia of the turbocharger rotor 

will reduce the stability margin further, and multivariable 

precorpensation may be necessary to avoid large reductions in the air- 

fuel ratio feedback again.

Scheduling the turbine inlet area according to engine speed was shown 

to have a negligible effect on the stability of the speed governing 

loop.
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9.4 A Digital Multivariable Controller

A control program has been written for a digital controller, giving 

feedback control of engine speed and air-fuel ratio and the controller 

has been successfully implemented on the engine, giving smooth control 

at speeds up to 2000 rev/min. The engine transfer function voltage 

gain matrix was found to be singular when the boost pressure, engine 

speed and actuator signals are all normalised to the 0 to 10 V range.

As a result the controller incorporates input scaling as well as 

preconpensation to reduce the effect of interaction on steady state 

errors (and stability).

The controller is able to give better response than that achievable 

with standard electronic analogue control; this is a result, not 

so much of the precompensation, but of the ability to vary the feedback 

gain in the speed control path with engine fuelling.

9.5 Further Work

More work needs to be done to clarify the mechanisms by which the 

dynamic m.e.p. is attenuated during transients. Steady state tests 

where the effect of engine coolant temperature on b.m.e.p. is measured 

will enable a qualitative appreciation of the effect of cylinder wall 

temperature on f.m.e.p. to be gained. Quantitative results will require 

direct measurements of the cylinder wall and ring groove temperatures, 

and possibly also of the temperature of the oil in the sump. It would 

also be worth looking at the d.m.e.p. response of an engine having 

markedly different wall temperature behaviour, e.g. one with ceramic



liner coatings. The effect of oil pressure on f.m.e.p. should be 

investigated too.

Measurement of wall temperatures will also allow a more accurate 

determination of the time constant of cylinder wall tenperature 

variations.

In order to predict more accurately the time constant of the 

turbocharger speed (and boost) responses, the variation of compressor 

and turbine torques with turbocharger speed needs to be investigated.

Once the above effects have been quantified, it will be possible to 

develope a simple program predicting frequency responses of engine 

speed, boost pressure, d.m.e.p. and exhaust opacity for turbocharged 

automotive DI diesel engines. The effect of load inertia and load-speed 

characteristics can be predicted.

The analysis of stability under multi-loop feedback control should be 

extended to petrol engines, where torque is related closely to boost 

pressure, and to medium speed diesel engines, where, as a result of the 

increased valve overlap period, back pressure has a significant effect 

on trapped air mass and torque. In both cases interaction between 

feedback loops is likely to be much greater than is the case with the 

automotive diesel.

The feedback control of exhaust opacity should be attempted, in order 

to obtain raximum acceleration within given constraints on exhaust 

opacity. The feedback control of engine torque should also be attempted
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since this allows automatic tuning of parameters to give optimum torque 

and, therefore, efficiency. D.m.e.p. as defined in this work cannot be 

measured directly; the best obtainable measure of dynamic torque is 

probably to detect torque at a point in the crankshaft just behind the 

flywheel. Monitoring this torque will also make possible powerful 

diagnostic features - e.g. in detecting malfunctioning fuel injectors 

or cylinder bores that are picking up.

For the turbocharged automotive diesel engine the air-fuel ratio giving 

the best efficiency is a compromise between the effects of air-fuel 

ratio and pumping losses on thermal efficiency. The variation of 

optimum air-fuel ratio with ambient temperature and altitude for a 

given turbocharger needs to be investigated.
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APPENDIX I

ESTIMATION OF MANIFOLD TIME CONSTANTS

( 80 )

Welbourn an a lyses  the time constan t o f  a volume f i l l e d  w ith  gas 

showing th a t  the t im e constant i s  equal to  the change in  mass in the 

volume per un it change in p ressure ,  d iv id e d  by the change in mass f low  

rate  out o f  the volume per un it  change in p ressu re .F o r  th e  in l e t  

m an ifo ld :-

t .lm

120 V.lm

Assume the f o l l o w in g  va lues  fo r  the T L l 1 eng ine :

V ? 0.006 m 
im

3

= 0.00185 m
3

V

N 6

nVOl =: 0 .9

then 72t . s e c .
im
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At 1600 rev/min t h i s  g iv e s  a time constant o f  25 msec and a break 

frequency o f  6 .4  H z .

For the exhaust m anifo ld

t
cxm

3m / 3m
exm / ex

3p / 3p exm I exm

Assuming tu rb in e  d im ension less  mass f low  remains f ix ed :

m /r 
ex t i

= c o n s t a n t

t hen

and

Now

th e re fo r e

3m

8P„

R T , P ex t l  . exm

m + m, t 1.03 m 
a f  a

1.03 n , V N N p ________vo i  sw E b
120 R T

a lm

= 120
V p 

cxm exm
V N ~ p ~  sw r b T 1.03 n .N_ t l  v o 1 E



Assume

1 7

t exm
Ra

Vexm
p m T . 

exm a ìm
t R V. pt  . T .

un ex ìm b m t i  
ex

= 0.95

0 .5

= 0 .8  -  1.0 a t  f u l l  load

= 1.1 -  1.25 a t  l i g h t  load

= 0 .96  a t  f u l l  load

= 0 .99  a t  l i g h t  load

T
——  i  0 .5  a t  f u l l  load
Tt i  •

0 .75  at l i g h t  load





APPENDIX II

KiTTIMATE OF TIME CONSTANT OF CYLINDER 

WALL THERMAL INERTIA

I f  the actua l c y l in d e r  w a l l  tem perature v a r ia t i o n  is  o f  the order  

o f  20 K at 1600 rov/min, w h i ls t  the e q u i l ib r iu m  w all  temperature v a r ie s

by about 600 K tone t h i r d  the amplitude o f  the  mean gas tem perature ),  then, 

assuming a f i r s t  o rd e r  system

gain

A 2 2 
ü  t

20
600

where ui i s  the p e r tu rb a t io n  frequency  and t the time constant o f  the 

cy l inder  wall tem perature .

I 2 2 
in t 625

uit = Æ75 j  25

there fore

t
25 _ 25 x 60 x 2
uj 1600 x 2 it = 0 . 3  sec.

The corresponding  break  frequency  i s  0 .5  Hz.

In f a c t  the v a r i a t i o n  in  e q u i l ib r iu m  w a l l  temperature i s  not s inuso ida l 

and the amplitude o f  the fundamental component w i l l  be con s id e rab ly  less



than 500 K. Higher harmonics w i l l  c o n t r ib u te  l i t t l e  to  the ac tua l  

wall temperature v a r i a t i o n ,  due to  the  g r e a te r  a t ten u a t io n  a t  the 

higher frequ en c ies .

I f  the fundamental am plitude  i s  350 K then 

t = 0.21 sec

and the break frequency i s  0.76 Hz.
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CORRECTION TO D.M.E.P. RESPONSE TO ALLOW FOR DRIVE 

SHAFT TWISTING

Figure A3. 1 i s  a diagram o f  the eng ine  c ranksha ft ,  f lyw h ee l  and 

dynamometer t o r s io n a l  system. Using the  n o ta t ion  o f  th is  diagram 

the ca lcu la ted  dynamic torque may be c o r re c te d  f o r  lack o f  t o r s io n a l  

s t i f fn e s s  in the d r i v e  sh a f t  in  the f o l l o w in g  w ay :-

Assume:

A P P E N D I X  I I I

Now

0 - 0  = 0  -  0 ,  = 0 .5  (0 -  0 . )E s s d E d

. - t  s 
k l °

i  , - ■;------------  n .d 1 + t^s d

, - t  s r  
ki e
1 + t^s  j ns * (nd " s ’

(A3.1)

T = x + k (0.-0 ) d s 2 d s
( A .3 .2 )

where i s  the t o r s io n a l  s t i f f n e s s  in  N m /rad ian .

Assuming th a t  the system i s  l in e a r  and that th e r e  i s  a s in u so ida l  

perturbation  o f  frequency  w r a cV sec : -

n ,-n
0 - 0  = —— — -a s  jw

(A3.3)

S u bs t i tu t in g  A3.3 in to  A3.2 and combining w ith  A3.1

TS
(n . -n  ) d s

jw
k l e

- t  ju

1 + t 23<D
n + (n .-n ) s d s



1 r •

Now

then

n «  n ♦ <n -n )S E S E

= "E + (nd‘ns)

kj e l J
T -  —;—7— ;----  n„ = (n . -n  )s t -»t j  (i) E d s

2k j e_t 1 ̂*U _2
jui

th e re fo re

-t. kj o 1ju)

TS I't̂ ir.l nF

f2ki«-t«J- k2
1 * t2jc jn*

( A ! . 4)

But

T = T ♦ k„ (0-0 ) E s 2 E s

= T
s

k . ( n , - n  ) 2 d s
jw

(A3.5)

S u b s t i tu t in g  A3.4 in to  A3.5 g iv e s  the dynamic eng ine  torque in terms

o f  the measured sh a f t  to rque  response i s and the measured eng ine  speed 

response n

t = T 
E s

_2
jui

k - ‘,

Sk,.'1!1"
t + t  )U>

2k1e‘tl > 2k

l+t^ ju

2k,e -t 1 3

U t 2J"

*2

jw

" t .  jw

2 k. j" 'e  - l i2- *; 2,:2'*<1'



Assume

k2 10 NiVrad

t j  = 0.01 sec .

t „  = 0.02 sec .

1 3n

3t . T
d 1.6 rA

Figures A3.2 and A3.3 show the e f f e c t  o f  t h is  c o r r e c t io n  on the

d.m.e.p. response a t  two o p e r a t in g  c on d it ion s .
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A P P E N D I X  IV

DERIVATION OF ALTERNATIVE TERM REPRESENTING 

TURBINE DIMENSIONLESS MASS FLOW

Assume :

m a m  
ex a

a p
0 . 6

b
N

E

-0 .5  0 .4
T . a AFR N

t l  E

0 .6  -1 
AFR a p,_ m 

b I

and assume fu e l  mass f l o w  and v a r ia t i o n s  in vo lu m etr ic  e f f i c i e n c y  can 

be neg lected ,  then

1.2 0.5

0.7a



A P P E N D I X  V

ESTIMATION OF MINIMUM TOTAL EFFECTIVE

LOAD INERTIA

Assuming t o r s io n a l  r i g i d i t y  o f  the transm ission, t o t a l  e f f e c t i v e  

in e r t ia  seen by the e n g in e  i s  g iven  by:

I  = It o t . e f f .  e
MR

(rIr2>
(A5.1)

where I
e

i s  p o la r  i n e r t i a  o f  eng ine ,  f lyw h ee l  and c lu tch  

( ig n o r in g  gearbox input sha ft  and la y s h a f t  i n e r t i a s ) .

I w
i s  p o la r  i n e r t i a  o f  each road wheel (kgm )

n i s  number o f  road wheels, 
w

M i s  v e h i c l e  g ross  mass (kg)

R i s  r o l l i n g  rad ius  o f  d r i v in g  wheels (m)

Tj i s  gearbox r a t i o

r 2 i s  rea r  a x l e  r a t i o .

This assumes th a t  th e  i n e r t i a s  o f  gearbox output sh a f t ,  p r o p e l l e r  

sha ft ,  d i f f e r e n t i a l ,  h a l f  sh a fts  and d r i v in g  hubs a re  n e g l i g i b l e  compared 

with the a g grega te  i n e r t i a  o f  the road wheels.

From equat ion  A5.1 i t  i s  c l e a r  tha t  minimum e f f e c t i v e  i n e r t i a  occurs 

when r^r^ i s  maximum.

I f  i t  i s  assumed in  ad d it ion  tha t  the g ea r in g  i s  chosen such tha t  

bottom gear i s  s u f f i c i e n t  to  enable  the engine to  ta k e  the v e h i c l e ,  f u l l y



M D

laden,

r l r 2'

up the s t e e p e s t  g ra d ien t  encountered, and th a t  the gear r a t i o ,  

r equ ired  t o  c l im b t h i s  h i l l  i s  p ro p o r t io n a l  t o  the  v e h ic le  mass

i . e . rir2 a M

then

MR

( r l r 2>

1
.2 “  M

The th i r d  term o f  equat ion  A5.1 i s  now in v e r s e ly  p ro p o r t io n a l  to  v e h i c l e  

mass, and the minimum t o t a l  e f f e c t i v e  i n e r t i a  occurs  not on ly  in bottom 

gear but a ls o  w ith  the v e h i c l e  f u l l y  laden.

For a 32 tonne a r t i c u la t e d  v e h i c l e ,  f u l l y  loaden, we assume:

I e

I
w

R

M

nw

Then

2
3 kg m 

20 kg m~ 

0.55 m 

55

32 x 103 kg 

14

I
t o t , e f f .

2
= 3 + 5.1 + 3.2 kg m

= 3.76 I  .e
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A llow ing  f o r  e r r o r s  in the assumptions, a va lue  o f 2.5 t im es  that o f 

the eng ine  and f lyw h ee l  i s  assumed t o  be a s a f e  es t im ate  o f  the 

minimum t o t a l  e f f e c t i v e  i n e r t i a  seen by the eng ine  under load  in

s e r v i c e .
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APPENDIX VI L i s t in g  o f  D i g i t a l ,  M u lt iv a r ia b le  D ie s e l  Engine 

Contro l  Program.

Pf u l f a p  U b L I P t
i) I " t  NS I dm x x « t C b ) , x m B ) , x i i ( e , 2 ) , x l l C 8 ) , y I 2 ( b ) , y l G C 8 ) ,

♦ F i . l ( 2 , 2 ) , P L 2 l ? # 2 ) , P L . H 2 , 2 ) , S n ( 2 ) ,
♦ bUl(2J,SL?l2l,!>U4(2J,S«4(#),S.iNCBj

«  c a I K.  , « F b » * s X , i t b 2
I M  t u t u  *2 X 1 8 J , X L ( 8# 2 ) , b l ( 3 W W , o J , XF y 1 , XF V 4 , F b I  , F S 2 >  X t V S , A F  SI  , 

t A F l , F t i l , x N L , X P L , x U l , X i , l L , X b l r i , X b 2 , X l , 2 L . x 0 2 ' i , X l L , X l M , X 2 L , X 2 H ,
« F N ( t O , F S i 1 ' . l . F , F , N l , M i , N N I , N N , i . , X b P , X P B , * S S ( a ) , N C y L , N S T F , L l «
♦ x F * « , A l F X , X P o l , i F ' i , L F N , F N M X , I N 8 N , | j j t P , T ( b 4 ) , P U L ( 8 ) , X S F i
♦ A F N 2 , F L L 2 , P ' J L . J , P J L « . F b L 5 » l « J , F L A b , X P A ,  I DF , Hu* , HP r  ,  fttj, xF L S ,
♦ * N S X , IF F ,  XNP,  IMF , |.XS| XNJFI ,  XF I F ,  * S L ,  » 2 , I J , X4,  X 3 ,  X T b#  XTU,  7 AF,b ,
♦ A S b H , l » C . N L C , X F L , L t 2 F , x E 2 F , X H l P , x u t L . N C T  

t u b  I L »L F t t N T
C MA h A L T t K  XF I L  *c « bFX L • b 
L A L L  L i t » «
«■"ITfc l * , Jaw I

J i  a F O h p a T ( I f « , / / J 2 x , ' ->1,1 I I - O t C A ' . / i J a x , 1
♦. i;x, • *ul rI xa*i*oi t uitbtL tNuX't conTNuLLtN1 ,////
♦ T » P t  I n NAfl t  UF U X l X F l L t  Tt. Bt  Ubt l l  ( PAX 0 C t l N S l ' J  

N t A t  ( » , J 1MJ  IF I t
J1W F O N h A T U a b J

H F t t  (1 , F I L t  * l F  I t i b T  * T Ub ■ • ULO * )
C AL I  b t i l M

• •• « t » i  I N t  A f A ••••
No 'JF Xn P i 'T a u u T P u f  L ^ A N ^ t L S  Tt) L u x l H u t L t H  **•

n » r  i i , •)  ••x . m j
N N » t I  »Ni l  

NNNANNA1
N N X ■ N X ♦ 1

• •• F uL Ar i 1 T I t b  11F Xn P u T b X b , A t b
H t A n t l , * )  F u L 2 , P 0 l  J , P t » L 4 , P b l 3  
P 1>L ( 2 )  » Ft  L2 
Pt'L ( J J  »Fl l L J  
F i j i  f 4 ) » F i t  4 
P L L  ( 5 )  » POL S 

t N b I \ t  L AT A
F t A i m , » J » L T L , |y b T « » o , b
V b » » J , 1 4 1 0 « 0 * B * ‘>/4,
A T x » y i » . . | . t s / a a 2 4 , * 2 o B . )
* , C L « N L r t * 2 / N S | N

••• t a a F u t i  UAt A ( a n  Ul T F J T  y (j l  T b 1 •••
H t » M l , » ) F y  l , p y 2 , P v 4 , P V 3 , P S P l , P S P 2 , P V « . p y L  

L L N . t P l  yij( IN | I, AUL F t A L . l t , bS ( 5V4 1824 1 •••
F V 1 » t  V 1* 2 w 4 , /
F V 4 » F V 4 * 2 4 4 , 7

• •• L u i v t K l  N F t t l b  ID A.,L P t A U l N G N  ( by » 124at«t  y/M XF)
F S P 1 *F S P 1» W, 8 2  
F N F 2 * P b P 2 « a , 8 2  
F v t i » F  y H*2 J 4 , 7 
X F V 1 4 I F I X ( F V 1 )
F V 2 » F  » 2 * 2 8 4 , 7 * 1 , 2 2  
XF V 4 « 1 F  XX (F y 4 )
F y 3 a F v S * 2 8 4 , 7 * l , 2 2  
F NX «  IF IX ( F b F l  )
F s 2 i  I f 1 X( F  s f 2)  
x f h « I F  IX ( Fy- 1)
F V L » F y L » 2 W 4 , 7
X F L » 1 F 1 X ( F V L )

••• y L. L u P t T F I C t F F X C I t N L T  U Al A
F t  a t ( l , » j t y l , f c V 2 , t y s F  
t y b F » t y N F » W , b 2  
x t y . s » X F  xx ( t V b F )
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t  V2*C V 2 * 2 . 0 2 * 2 , 8 2
■ ** OP U HI J H  A 1 »  P Ut  L PAI  1 ii , J AI A »•••

Pt  A f (  I , •)  A PL ,  AP | , A P 2 ,  APSP1,  A P S P 2 ,  APA 
a p i  8 i • a p 5 y  i • 2 ,  e ¿
A P 3 P 2 * A P S P 2 * 2 , B 2  
A F S 1 * 1 H X  ( A P S P l )
APS2*1P I *  ( A P S P 2 )
A P 2 * A P 2 * l , 2 2 * l , 2 2

• •• W T l A L l a t  P N t C U N P t N 5 A T j k  I t k i - 3  F u n C T C L t  •••
P n 1 J • 1 ,
Pn 1 2 * 2 ,
PN21 » t í ,
P P 2 2 * 1 ,

• • • P U t L L l N Ü  l N ) t N P 3  OP AI »/3P' J1 •••

t
c
c
c
* • • 
• * • 
• • •

• • •

• « •

• • *

• *  *

13 
• * •

N t A l ( 1 , •)  P L I , P L 2 , F l J . F l 4 , P L Í P
F L l » P L l * 2 2 « , 7
*P 1 • IP 1 * ( PL  1 )
F L3*P L 3 * t . 0 2  
f | . 4 l P L 4 * « i t e2*t >t » 2  
F l 3 P » P L 5 P * * , B 2  
* F L 3 * I P 1 » (P L 3 P )
F l 1 2 * P V H » P L 1
F m 1 ■ «P m- a p 1

i N l t O N A T l J N  P t t U b A L »  C On S I A n T ••••
N t * 0 ( l , * )  JU

u A I A FUR U f T t n n l N l N l .  C u n R t C T  I I m I n o  V UL T AU t •*••
T r i » , 2223 
I n 2  * 2 , 3  
T h J i o . 2  
T p S P * 1 S 2 2 .

N t  *  w 1N CAL l O R A I  I lJÍ* . JAI  A PON o U o 3 T  T t R P t P A l U K t  • * *  

l u  1 S U E b k t t S  N P t  N 2 U L I  P N U P I NL t  T RAN T N A N S D U C t k  ••• 
i a Ris i s  í N i t o c p  u t o s  a • • •

R t A ü l l , * )  T u i  T amo
T u * 2 d « . / * / , / T ü
X l O a l P l x ( t u )

Rt *u L I N I !  V A L U t S  » L A L l o N A l I O N i ,  P k t C U P P t N S A T O P  N a T NI X  C O t F F I C 11R T a * •• 
Rt A 0 C 1 . *11 ( X L l  U .  J )  .  i  » 1 * 4 1  , J » 1 . 2  J 
Pt  A l i l i , •)  ( A R D U ) ,  I « 1 . 4 ) .  C A M  1)  ,  1 » 1 . 4 )
N t A t i C l , •)  ( ( PC t ( J ,  1)  ,  l  * 1 , 2 )  , J * 1 . 2 1  
R t A U l l , *1 l ( P t  2 U »  I )  . 1 » 1  »21 » J M  » 21 
P t A u d  , * )  ( ( P C 3 U ,  I l  , 1 * 1 . 2 ) ,  J * 1 . 2 1

Nt *L O u T P u T  S C A L l M t S ,  V uL 1 Aut  L 1 " J T 3  ANU U A I A  I U C * t - C u L A T t  S A n P L l M »  PtN.  
Pt  a u  t 1 , • 1 1 3 0 4 ( 1 1 , 1 * 1 *  2 ) ,  ( 3 0 2 l l ) » I * 1 . 2 ) » ( S n i ( l ) , l » l , 2 )
P t  Ai: 1 1,  *j  i v i  I ( 1 1 , V l 2 (  1 ) ,  1*1 , d )
NtAU(1 »•J(3*3(1)»1*1 » a)
P t  ai : (  1 » * 1 ( a « «  ( 1 J . 1*1 » a )

N t » u  ACT UAT OR S L t *  N A l t  C l * l T a  ANO P t t U B A C A  C A I N 3  •••
Nt  A P ( 1 , • ) VSR 1 » VaP2 
Ni Au(l,*JH»l,PU2,t2PP>
5 1 * 3 0 3 ( 1 )
S 2 « S ù J ( 2 )

NUL I I PL T P k t o u r  Pt  Na a T UN L u t P F I C I t N T a  BT APPMUPn 1 A T t  F t t U B A C K  C A I N  •••
DO 13 1*1,2

PCI  (1 , 1)  « P C I  ( 1 , I 1 * F l » l  
P C 2 ( l , l ) * P t 2 ( l , I l * F l » l  
PC J  ( 1 , I )  * P C J (  1,  I ) *P(»1 
P C I  ( 2 , 1 ) * P C 1 ( 2 , 1 ) * M» 2  
P C 2 1 2 , 1 ) * P C 2 ( 2 » I 1 * P u 2  
P C 3 ( 2 ,  t J « P C J  ( 2 ,  X ) • P C.2 

U3L CONST ANTa P A T h t N T h a n  P A T n I x 
PC 11* « P L  1 ( 1 , 1 )
P C l l b * P C J ( l ,  I l

.»U T AT  I ON ( T U  P t U U C t  t * t C ,  1 1 Ht  1
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K t A O l * , * )  V U 1 . V 0 2
v n I s v u I * 2 b 4 97
v » 2 « y u 2 * k « i 4 , /
X x l » I F  I * C V ► 1J 
Xh 2 * l F  I X I VF 2 )
» li 1 • X "  1 
X U 2 » X « 2
£ 2 P L « A H b l t 2 P * / P C . i ( 2 , 2 J  ) 
c 2 P X*t 2 r t L « F r t | 2  
U t 2 H ■ I F 1X I t  4MLI 
H T L b I » . F A u S t ,  
t1
NC ■»)
CALI  C L t  Art 

33 » r t l T t ( » > J 2 H l
ò t t  F OKr t AT ( I N F , S X , • L U N Î N U L L t R  UFtr t AI  I d y l / / / O X , 11YHt  u <Lrt> TU STUF

♦ t  N b l N t  • /7 1 4X , 1 l <Lrt> t u  D I S A B L t  CUNT r t uL 1//
♦ 1 4 » ,  •? < C rt »  I d r t t - C HAr t L t  C ONT R OL 1//
♦ 1 4 « ,  1 4 < C rt »  ru S I Art T A C C u N U L A l l N y  CAT A 1/ / )

CALL St  I C L M 2 M ,  ¿)
* • •
• »  I An I UF N t r t t A l l N b  C AL CUL AT  1 U I. b ♦••*
• »  •
♦ •♦ rt » ml l a t a  rtrtUrt I NPU T  L HANNt L S  *••
♦ •» u a T I rt i  b C A r. b B CrtA i L t L i  B T l « t 3  ( T U I a l  04 r t t A u l N b S )
♦ •♦ U A T I N 2  I S  l Sc j  TU o t t t L l  UUI Pi j T  bl UNAL FrtUM T I N E *
♦ ♦♦ u A T ] NS I J t T t C l S  t N o l N t  M»rti>fc",  Thfc N P A n t b  B SCANS AFTER U t L A T  X OE L » * «
00 NL "NL ♦ 1

I F I n C T , t y , o , U r t , . C , L I . N C I ) T nt N 
L A L L  U A T I n 2 I X , « , « , LJ 
C a l l  S E T L L M 2 .  . 2 )
C a l l  u a  t i n I I t , a , 0 4 ,l )
I F l L . N t . P )  c a l c  c a t i n i  l r , B , 0 4 , U

CLSr
NL*U
L AL L  St  I l l a  I 2 . ' , 2 )
l a l l  U A U N í ( T , S , o 4 , L « x o e u
i F l L . N t . O J  l a l l  UAT I N I  ( Y , O , 04 ,  L )  

t  N L IF
♦ •♦ A V t  rt a y t  I n Pu TS u v t "  St. 41N S L A n S I ü I S C A k U F I r t S T )  ♦••

X 2 » » t l » J * T l l 8 ) * Y I 2 0 ) 4 T ( S 4 ) * Y ( 4 2 J * » I & « ) J » U S a )
« S * T t l 4 J A Y ( 2 2 ) * » ( S O ) A r ( S b ) A Y l 4 O ) + » I S 4 ) A » C 0 2 )
» S P » - « 2 / / » P 0 L 2
» P B » M « S / 7 « r t u L J

••• JF S P t t r  ON B U 0 S T L I B I T  b t XLf cLUt U S« UT  L N U l N t  UU« N ••♦
I F I X S P . b T . X b L . L r t . X P B . b l . X F L )  i Nt N 

L AL L  u a c o i j T i «j , XU I L  )
L ALL  LL t  Art
■ N l T t l * i * J  ' t r t t r t Ut NL Y  SrtÜTUUrtN ' , X S P , X P B 
L ALL UA L u u T 1 1 , X02l ) 
b fi T u  2 o y 

t  NU 1F
••• L A L L J C A T t  Pr t t bt NT  SAr t PLt  P t r t l u ü  ••••

I F l N C T . N t . B J  T n t  N 
a k P * * S 2 / F L 0 A I U S P J  
A S L » I F  1 « I A A P J - A O  

t u S t  I F I X S P . L t . K S S l )  I Bt N 
I F  I X S P . L t  , X S " N j  Tr i tN 

ASLAASNX 
N L 4 - I  

t  L Sc
A A P a K O I / F l U a I ( X SP J 
A S L « I H  « t A A P J - A . .
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C M  I f  
tLit

UO 1 Jlf 1 * ¿  , 0
I f ( A b K ,  i  T ,  " 5 J ( 1 ) 1  T u t u  

ki l l  **b C 1 ) 
bU Tu 1 32

t u )  I f
1 Ji. K  N I 1 M C

t N j  I f
• •• b r i  T l « t "  F O"  » f f N i f k 1 * 11 P t N i u u  •••
1J2 C A L I  bt  I U »  12 k) , » bL )
. . .  bLt  l l uT PuT  l l f l l b  f u K  C i i k « t x T  b l t K  A l L U h O l N b  Tu AC T i) A T On b L t "  H A T t b  •• 

nivbl  » f  l ÜA I l X bL J 
Auf  l « k b l »  V bn 1 
« I l f  » I f  I A ( AUF ) 
a u k  «n a bL* u b « 2
« u « » l f 1 * ( AUK)
X2L »X U 2 ” F OK 
X? r i . XU2 AF uH 
X l l X X U l - f u f  
X 1 « b i o  1 * M )r

• •• I i KAKt  " AX t U t l l l M  ( l o f i . )  « I  I n  A  I K  I KAPHL DI  O t T t K K l N t  KAX f  VULTb ••
I f  l « 2 L . U  . A U 2 U  x 2 L * X 0 2 l  
1f ( x 2 f , b I  a x U 2 h ) a 2 " » « U 2 "
I f  U 5 f . L l . f 3 l )  I nt N 

UbP*f  b 1 -  X bH 
A|, bP»f  I Ü A  I ( U b K )
A A . A u b K / f  V 2 
I f  nXBXf  « I • I f  1 X ( A Aj
I f l X f K X . u r . X f n t )  X f f U l f n  

C i b i  I f l X b f , G T , f b 2 )  l " t n  
U b K . a bf  _ r b2 
A D b P * f L Ü A I ( u 3 K )
A A I A U b f  Af V 5
Xf «X X Af V 4* I f  1 X t A A )

e L 4 t
XphABAt r l

t  Ml  I f
••• u t  H  D n l - i t  f u t u l n u  t u u I v A l t M  Tri s . o / v  ( KACn u ) AT l UKHENT  bPfc.EC •••
• •• K c XU IH fc u t o n  C a l c u l a  ! 1m  v C L l x b t b  t u u l v x i t N T  TO f u c c i l N b b  •••

Xbf  « a b K « X F i b 
Ubf  bf  LO A T i x b f  J
f 6 * B f i 2 » u b f » ( l t - i ) b t B U » F 2 F L 4 ) / f l ' l  
xf  x i » t n x » x r  1
ut  X Bt O V / t  M 1 
F r  I Bllf X * f L U A T I X t X )
I f  C F " . L I . t f  T )  I f t f

l e n . f n l  « r n / M I I
x f f x . l t  l x  t f n f J A X t 1

t  NO I t
••• CLi ' KAKt  l l u l l b  k i l n  A L L U M O  " A X .  AM)  " I N .  V b L T A b t b  10 ACT UAT ORS 

I t  I x 1l . L T . x u 1L )  X I L B X O I L  
I f  ( X f K X . L l . X l L )  I f t  N 

X t f X B X 1 L
t L S f  I F I X f K X . b l , X 1 " )  TMtN

I t t X l n . b l , X t f ) T f t N
I t  M X B X r f

t L  St
X f " X B X 1f

t NL  I f  
fc NO I f

•*• U t l t K K l b f c  I l C b l K t U  X/f  K A l i O  ••••
I t  U b K . L T . x f b 2 )  I f t N
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A F P A x t  4

t l  St
« S t  « A t  S l - X S P  

A U S a F l UAT l » S t  )

At  P » At  l t A t 2 « A U S « A U S

t  NU 11

• • •  L a L C d l AT t  S P t t L i  C U M K U L  t » N G *  V A L o t  ( t l P )  AuO i N Î t û K A T t  • • • •

• •• l u i s  Wt í . GI Wt S  U t  11«< "  1 N A r 1 ÜN Of S P t t U  Lt MAND SI GNAL ( X S )
At U X » A F P A G t  X / A Í N *
» S » » l l S ) * T ( 2 l ) * T ( 2 l ( ) * Y ( J / ) » Y ( 4 3 ) * Y C S 3 ) * r ( 6 n
I t  ( - X S . i l  r ,  XSGM) X S » « » S u "

u x S a i 2 » X S

• • •  APKL Y I NP UT  S C A L I N G  ( S i )  A M j K t o u t t  G A I N  t  UN SMALL LKWJN 5 I n S P t t O  • « «

l t l I » o S U « S ) , L l . A S )  i M t N  
S P S l a t L U A I ( U x  s J * S 1 / 2 I • 

t u S c  I  F l u  X S t G T , .1 ) T u t  N 

U I  S »U*  S-S i '

a P S i a r L U A I ( u X S ) « S l / / ,

t L S t
u « s * u x s * s < '

SPS I L  OA 1 ( D X S J « S l / / t 

t  N U l t

• • •  I  X 11 Gk A l t  S P t t l l  tWWI)N • • •

E l i » t l I * S P S I » N A S L / A H l G  

E l P » S P S l * t 1 1

• • •  i u  L u i  a T c HOGST t x w n w  ( t 2 P )  a n U a p p l y  I N P U T  SCAl I ng  ( S 2 ) * < *

I n i s  I N v U L V t S  A S S j M P T I O n S a b u u T t u t L L l N G  l ù  r t t  a P P L I E ü • • •

X P o 1 » XPd  * 1UXA
t PD I » t LUA I ( A P P I ) « SX
PWOS»PN t 2 « t  PO 1 

A t  P*  « P n o S • At  ÜX 

A t » P A A t P H * X t l « P W D S  

t 1P W » t 1P * P H 11 

X P l P » X P l * I t l X ( t l P M )

X N U P A X P l P » i t I X l A t X P )

I t  ( At PW ,  t  li t 1 a ) 1 n t  Y
» t P » i r  nx  

t L S t
t P « t L O » t  I X N g n J / ( ) • At P N)
» F P » I t l X ( t P J  

t  NU I t  

| . ) « t « » t P » A t  l

t 2 P * t P ö l  * C A t l ) X * t L O A Y  l u X t  I  •  1 )

X t 2 P » I t I X  ( t  ¿ P )
• • •  L u l Cx I n A I  n G U S I  t MK*JN v A L U t  I S  N u t  D t l N G  A L L O x t U  TU d ECUME

• •• U N N t A L l S l  I L A L L Y  L AN i tt •••
I t  l X t 2 P , L  T , - L t Z P )  1 Mt-N 

XF P ■ X N ! p « l t  I X  ( 1 2PX ! 

t e s t  I F ( X t 2 P , G r , L t 2 P )  t u e n  
X t P « X « l P * I t  I X  ( 12W XI  

t NG i t
L r t C A  I h AT t u t L L l N G  ü u t P G I  Vf l Lt AGt  I S w I T n I N  L I M I T  V A L U t S

•  • •  I t  I I U T S I U t  L 1 M I  I S  A DJ US T  oUTh ACTUAUJw U U lP i J T  V U L l A G t b  ( S l N L t  

• * •  I n m i l  1] V A N I  AOL t  C A S t  T n t  OUTPUTS Aw t  NUT l N ü t P t N U t N T )  • • •

I t  l x t P . L T  ,  » I L I  T M t  N 

X t PAX I L  

X N P ■X 2L
t L S t  I F  I X t P . G T , X t  MX J 1MLN 

X F P A X t h x
t 2 P H » ( A t p « t M l / A T M M * l , ) * t P h l * P W 2 2

i a t * « t h x - « N i
t l P w » t l P « P N 2 l A t L U A T ( U x t ) / ( t l P N » t 2 P A P K l 2 )

I N P A l t l X l t I P W J * X M 2 * I t I X ( t 2 P W )



SNtninj

AJ 1 M i (<», 1N, 9*1H1 i l
( n o n )  hxI hp n o

. . .  f iH » n o* i v  wnm i p h n I i o m n  . . .  
Z l X d O H Z l E X H O  

n n o )  x t  í i « h o i  
( Z?! *h / w.h z i î s » » . 1 h z i

i n d i n o  ho m o  wj  n o m i  j s p o p  p i i i h w t  mo h  i l w t i  3 i O m i » i » i H  ••>
P Z Z 3 H * h S » » Z Z 3 H « Z Z h H 
P I Z 3 H * H S » * I Z 3 h » I Z H H  
H Z l ' J d * d P » » Z n H « Z l  “ d 

n u 3 d * o / i n A * n i n i O » f o n 3 d * H S » » m d ) » t  iHd
. . .  <¡**31 M(11»RN3dMf ’ 31>*<H 5 1 V 1 i m * 3 . 1 w  . . .

t f l i O j » n n / ( t p < < x u » m i » x j » . A i * h M i *  
n N f . ì N n . ^ A P * i  a 1 . a ì  

( S O )  l * l ) H « 5 N 0  
SAlX«dSX»RXO

. . .  ShIIIUXMVH C)A’TAH*A-Al»n1<ì HO Cini* «  iNlHHPJ JH InT ln  . . .
ir n o

l i  P O

i S i n N i i N O D  i o m n i -o  l a n P d w n D  i v x i  » i » P i  ( • ' • m i n »
• 151* H * « I S H  Jw 

i I mi  ( i h n ' i i ’ u ) i l  
«» C ( » Z )  A* l o i ) i ) ■ ( / * w ) i s  

z n x .  f o ' u )  i«; 

t n X • r c ' *.■ ) i s 
( P H P )  XI  H l * ( X ' w ) i S  

Pi  I « ( C ' w ) 1 S  
1q n x . [ ? * u ) i S

( h s ) x t  i t * n f h u c

I ♦ u  • w
O m I n i n i  Hi HI

. . .  A » x«y  n i  » i * u l o i s  n , n> o w j i o  p i  i s i |  ht . . .

p w » i * n i X / »  x « « p 11 
x / l , ‘' . ( c x ) i » n i i - * n d P  

V 1 1 " « • ( z x ) i * n i i » i i 5  

( f o ) A * ( c c ) À * ( / M A * ( S f ) i . n r ) * * ( c z ) i . ( c t ) A « n
. . .  i x M f j p  n i ^ n m n u u o u i p i p h t i x h  i m i  s i  ** . . .  

. . .  a » « « *  i  M n i  s n i « !  s i  p 1  y a » i * p  3 * m s  . . .

(pnx *z) mcnxp n o  o
( Z o x  ' I l  IPODXfi 11*3 
l i p x ' f i i n m x p  n o

Il PN1 3
1 P P X « f n x  3

• n u i  n r o x * i v f o x ) h i  « i l  n
u m x x f o x  i

» o u i  ( u c o x *  m ' r o x )  i l  3
n i X « 1 n X ) . Z H l * ( S M | X « H S X ) . I w l . f u l « P 0 I  3

H N X » Z n X 
H 1X ■ I 0 X

. . . .  l o  ni SJPHlPO l 'M •••  
li P M  

UZX.H*»
N3“ i  ( u Z x • i g ' H M X ) i l  1511 

1 Z X . H - X
m m i  n z x ' n ' H A O n

• •• S l l u l l  J u l n n n l  * J l u | I “ i P dl Pp  « I h* 3MQHP1 1 0 1  O m  . . .
HI p M

( XdZ 3) XT H l . f  Ari I 11 * I HT.ZwX.H1X 
tZ«H.dt3*XHla 

Z Z M d « t P d H * ( ' I * ( H x n ) J v f * 1 i « x n H V ) * M i l Z 3
I11» H 1 * e HXP

HS 13



154

n t  * ü t * « • J LL 
i t ( L L . t u . r i )  I n t N

L A L L  OAUOü T ( r i ,  X u l L )
L A L L  UA L Oü l  (1 , XU2l )
CAUL C L t  An
n H l l t C » « » !  ' « t Y ü ü A n u  tNUl Nfc b T U t '
L L » r i »
b J TU ¿riri

t L b t  l t ( L L , t U , 4)  I n t N  
t l t b l » ,  I H i J t , 
n«r i  
LL4UW
• N t T t  ( « ,  • ) ' n t  Al l f  I T Y t t  I n n ü ,  Ut  P u l N l b  (briri  M A X ) '
Ht A O I • , » ) Nt T
bd TU Ori

t  L b t  l t  ( L L . t u ,  1 . Ü K . L L  ,  E U . J . U N  , L L  , t 0 , 7  ) T n t N  
LL ■ U U
L A L L  CL t  An 
UU TU ¿uri 

t L  b t
UÜ lu Ori 

t  NÜ I t  
t L  b t

uü TU Ori 
t s U  l t

¿riu n n l l t ( * , r i 4 r i j
J4ri  t U n n A T  ( 1 n I , o * , ' C Un TnüL U I b A c L t U  1/ / / Ot , 1 T THE 2 « C K »  TO H t »

♦ L ' . A n L l  C U 'i TH U L 1 I I  1 4 * ,  ' 3  « L U »  TU u u l l  TO APh I C U T  S Y S T t t ' / /
♦ 1 4 » , * 7  « C n »  Tu T n A n b t t K  ü A T 4 TO U 1 S U M

Ht *0 1 • , • J LL 
I t  ( L L . E U . 2 J  T n t »

L L  *90uo io bu
t  L bt  I t ( L L . t U . J )  I n t N  

S T U t
t u  bt  I t ( L L . t O , 7 )  I n t N  

LL  • Uü
» N 1 I E ( • , • )  I T T f t  I N UA T A t ( L t  N A n t  ( nAX 0 C H « b ) '
h t A ü ( * , O l r i )  Ut  I L
C l t t N ir i ,  t K t  »Ut i L i  b l  » T u S «  ' Nt n 1 I
» N i r t ( J , •j  ut i l
l t  ( r i . N t . N t r  J T n t N

lt(n.ul . N t l , A u O . N t l . G T . b r i . A N O . N t T . L E . b r i r i J  T n t N  
n » N t  I

tf.D  J t
t  NÜ l t
l t ( " , L l , t J I Nt  N 

C a l l  C L t  An 
» n I T t ( • « • ) ' n ü  Ü » T  A '
Uü 10 ¿riri 

t  NÜ l t
UU ¿¿ri  1 1 1 , n

Ï2ri  n n ] l t  ( 4 , 2  bri ) 1 , ( b  T ( 1 , J ) , J •1 » NNNJ
t L b t

uu TO 2riri 
t  NU l t

2bri t ' ONhAT ( U l « J
ST OP 
EnO



155

Data file for feedback control without precompensator.

4 2
1 - 1 1 1
ft 4 2,1 2 7 8,14ft
O.» -».,2/23 o,8 -a , »111203 o»)., 2338, ft.8 1,33 
7,93 -V.E-O IP».',
1/, 31, -3,f-“0 2 188, Ilari, 23,
2, « 1.2Jt-4 l,to 4,otD 1378,
, 3002 1 

it!,3 2 ft 3
2. 8, 2. 7, 9,2 «*•3• . 14.
t’. l.u 2 7 3,1* 7. 1,00 V, 7 01 - 4 J,.'29/ft 1,00
7. 7. »’ , 7 ,
8. « W # ^ •
1. ^ a 1 •
1. It <3 t • k • 8.
»’. • k* • lk. . 12, 8, 18, 3, 17. »1. 14.
0 8.19 ' ¿ O t ' / l ' 1 0 *1 k*, 2 1 *' 8 , 2388, 8, » , 8.
?,3 Of' a 4 /» • ÒW • 23, 7. »' « 4 ,
lor, 22, 
ft,»'* 9, 28»'»i,
1,33 ft,») ».13 9.0 0,2 
3338 3 03 13. i) 1

Data file for feedback control with precompensator

4 2
1 - 1 1 1
ft 4 2 . 1 2 7  » . . 1 - f t  r
ft,  2 - » 1 , 3 3 2 3  ft,  2 - 0 , » ' 8 » r 0 3  0 2 2 .  2 3 3 - ) ,  0 , 2  1 , 3 3

u  ,  9  3  - » , t  —  0  1 0 2  2 ,
1 7 ,  2 7 .  - 3 t - 6  2 1  « ' 2  «  1 1 2 1 4 ,  2 2 ,
2 . «  1 . 2  3 t -  4  l . t O  4 , 0 1  3  1 3 2 2 ,
8 , 2 2 »' 2 1 
22,o 203
8. 8 , 8. 8. 9.2 «*0,4 18
2. 1 .»' 2 7 3 . » 8 , 1 .00 9,
-/ ,t- 4 2 ,0t -4 4 , 3L-4
8, 23 "1. 8 -rj,KÌ 8,2
2. M -.3 -1.1 fc>.2
1. 13 3.33 8, 0. V . 8,
e. 12 . 8. 18. 8 • 18, 8,
0 «) *1 * 23-18 . 1U88 • 2128,
2. 3 08, Ori, 3.1, 23, 2,
I 22 , 48,
4. 8 0 .8 2828,
1. 33 0.2 8,13 9 .0 0,2
32222 03 13, tri 1

.  1 » > .
/ ft t - 4 H , V 2 ÿ 7 ft! 1,08 
-J .t-0

12, 2. 12, 2, 1«. 8.
2 32 8, 8, »' , »1 ,
7. »>.

. 17.

. 12,
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TABLE 2.1 Experimenta l Time Delays in 
Movement in a 5.7 l i t r e  S . I

Speed Response 
Engine.

t o  T h r o t t l e

Speed 
(rev/min)

Load
Delay
(sec )

De lay
(°CA)

600 L igh t  load 0.066 238

1200 Medium load 0.036 259

1800 L igh t  load 0.026 281

Based on data in paper by Chang and S e l l  (49) .
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TABLE 4.1 Eng ine  Data

Type Ley land  TL11, d i r e c t  in je c t io n  
tu rbocharged.

Configuration I n - l i n e  s ix  c y l in d e r ,  4 -s troke

Bore and S troke : 127 nun x 146.05 mm

Swept Volume: 11.1 l i t r e

Fuel In je c t io n  Pump: CAV Majormec, governor  removed

Maximum F u e l l in g : 125 mg' shot approx.

In je c t io n  Timing: 22° BTDC ( s t a t i c ) .

EVO 135° ATDC

IVC 135° BTDC

Overlap P er iod : 46° CA

Rated Power 210 kW approx, a t  2200 rev/min.

Moment o f  I n e r t i a  
o f  Rota t ing  Par ts :

2.95 kg ( in c lu d in g  f ly w h ee l )

Turbocharger: H o ls e t  VH2C w ith  v a r ia b l e  geometry tu rb in e .

Turndown r a t i o : 2 .2 :1  ( turb ine  i n l e t  a r e a ) .

Moment o f  i n e r t i a  
o f  turbocharger r o t o r : 0.000244 kg m“\



TABLE 4 .2  Transducer D e ta i l s

Boost p ressure : Druck PDCR 10
s t r a in  gauge types

Exhaust m anifo ld  
pressure:

_ . .. w ith  w ater  c o o l in q  S ch a e v i t z  P722

Turbine i n l e t  
temperature:

1 mm chromel-alumel thermocouple (mineral 
in s u la te d  and w ith  s t a in l e s s  s t e e l  sheath)

Exhaust o p a c i t y : I n f r a - r e d  absorp t ion  type .

Engine speed: O rb i t  magnetic p ick-up  from 120-tooth 
wheel on engine f ly w h e e l .  Ancom f - v  
c o n v e r t e r .

Shaft to rque: V ibrom eter  TG200 to rque m eter in d r iv e  
sh a f t  between f lyw h ee l  and dynamometer.

Turbine area c o n t ro l  
rod p o s i t io n :

P ro to typ e  H a l l - e f f e c t  d e v i c e  w ith  
tem perature compensation and water c o o l in g

Other p o s i t io n  
transducers :

L in ea r  in d u c t iv e  types .
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TABLE 4.3 O pera t in g  C ond it ions  at which Responses to  Fuel Rack 
P e r tu rb a t io n  were made.

\
Mean
F u e l l in g

Mean
Speed \  
(rev/min)

I
3.4  V

39 mg  ̂shot

4.4 V

67 mg/ shot

5.1 V 

88 mg/ shot

5.4 V

104 me/ shot

1000 -
"E Pb Tb i
o p a c i t y

1 s Pex

"E Pb

1200
"E  Pb Tt i  
o p a c i t y

Pex

"E Pb Tt i  
o p a c i t y

1 s Pex

nE Pb Tt i  
o p a c i t y

1600
"E  Pb Tt i  
o p a c i t y

nE Pb Tt i  
o p a c i t y  
P TGX S

"E Pb Tt i  
o p a c i t y

"E Pb T t i  
o p a c i t y

Ts

2000
"E  Pb Tt i

T
S

nE Pb Tt i "E Pb Tt i  
o p a c i t y  

T
S

-

2200

J

(4 .0  V) 

"E  Pb nE Pb

(4.75 V) 

nE Pb -
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TABLE 4.4 O pera t in g  C ond it ions  a t  which Responses to  Turbine 
I n l e t  Area P e r tu rba t ion s  were made.

F u e l l in g
v o l t s )

Mean \
Speed x. 
(rev/min)

3 .4  V 4.4 V 5.4 V

1000 -
"E Pb nE Pb Tt i  

o p a c i ty

T s

1200 - "E Pb T t i  
o p a c i ty

T
S

"E Pb Tt i

1600 "E Pb "E Pb "E Pb Tt i  
o p a c i ty

T

s

2000 nE Pb Ts "E Pb

(5.0V) 

nE Pb

2200 - "E Pb -
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TABLE 5.1 Steady S ta te  Gains in  Response to  Changes in  F u e l l in g .

Nominal Mean F u e l l in g
-------------------- —-----—------

Steady S tate  Gains
1

(per mg/ sh o t )
Speed (mcy' sh o t ) Speed (rev/min) Boost (bar )

1000 66 +8.8* , +10.3 +0.0042* , +0.008

104 +6 +0.01

1200 39 + 17.7 +0.0032

68 + 10.8*, 14.7+, +0.006*, 0.0058,
13.4 0.006+

104 +6.0, +8 .3 ,+5 .9 +0.0116,
+0.0095

+0.0136,

1600 40 +22.6, +31 +0.0063, +0.006

68 + 12.5*, +17.7 +0.008*, +0.011

88 + 11.5 +0.012

102 + 10.2 +0.013

2000 42 +29.6 +0.011

66 + 19.5, +21.6+ +0.013, +0.0155^

84 + 8 .3 * * ,  +10.7 +0.015** , +0.0155

! 2200 55
* *

+ 13.7 +0 .017**

63 + 18.9 +0.0138

73
**

+ 11.2 +0.0156**

Notes: F u e l l in g  amplitude g e n e r a l l y  between 20 and 35 mg/shot (pk-pk) 

*  F u e l l in g  amplitude g r e a t e r  than 50 mg/shot

t  F u e l l in g  amplitude le s s  than 10 mg/shot 

* *  In j e c t i o n  t im in g  ve ry  re ta rded  (1 CA b td c ) .
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TABLE 5.2 Steady S ta t e  Gains -  Response t o  Changes in  Turbine  
I n l e t  A rea .

Nominal Mean Steady  S ta te  Gains (per mm a . )
Speed F u e l l in g Speed Boost

(rev/min) (mg/ sh o t ) (rev/min) (bar)

* * ★  *
1000 66 o u> o GO .008 .0125

104 4 .5 .025

★  * * ★
1200 68 -1 .0 ,  1.4 .025 .0 2

** * *
104 8.1, 6 .4, 6.2 .044 .041, .045

★  ★ * ★
1600 68 -2 .7 5  , -4 .3 .036 , .032

*★ ★  *
102 -4 .4 ,  -3 .0 ,  -2 .5 .081 .07, .07

0 .8 .055

2000 42 -16 .05

* * ★  *
66 -17 .3 ,  -5 .26  ,

-to.
.067 .048 , .055

★  ★ *★
1 84 -6 .7 ,  -5 .0 .066 .05

2200

L _

63 -26 .07

Notes: Turb ine  i n l e t  area  app rox im ate ly  75% - 20% in each case .

* *  in d ic a t e s  i n j e c t i o n  t im in g  v e r y  re ta rded .
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TABLE 5 .3  Measurement o f  d i e s e l  torque d e la y .

Speed 
Rev/ min

F u e l l in g  
% max. fu e l

Gant
msec

D ie s e l
Formula

°CA

Torque Delay 
Present 
msec

1
Method

° «  i
1530 60

+
38% 22.8 210 7.0 65°

1050 60
♦

41 % 33.3 210 9.8 62°

939 60
+

28% 37.3 210 12.8 72°

1180 60
+

15% 29.8 210 10.0* 7 1°*

2000 31
+

4% 17.5 210 9.5 + 11 3 ° t

; 1550 78
+

1 1% 22.8 210 7.6 70°

1955 69
♦

9% 17.8 210 6.0 70°

1595 79
+

2.5%

__________

21.9 210 2 1 .4+ 205°+ 

__________1

* Resu lt  a f f e c t e d  by c y l in d e r - t o - c y l in d e r  f u e l l i n g  
v a r i a t i o n s .

t  Sub ject t o  e r r o r  due to  small amplitude o f  measured 
s ig n a l .



TABLE 5 .4  Comparison o f  Estimated and Measured Boost Time 
Constants

Mean
Speed

Mean
Turbocharger

Speed

Mean
Boost
Pressure

Rack
Voltage

Compressor
E f f i c i e n c y

Break frequency  (Hz) 

Estimated Measured

1595 71775 1.68 5.4 0.75 0.18 0.20

1992 80650 1.77 5.0 0.75 0.20 0.25

1594 58450 1.41 4.4 0.72 0.16 0.18

1983* 85720 1.89 5.0 0.75 0.20 0.25

tim ing  v e r y  retarded

vo lu m etr ic  e f f i c i e n c y  assumed: 0.90
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TABLE 6 .1  E f f e c t  o f  In t e r a c t io n  a t  Steady S ta te :
feedback c o n t ro l  o f  speed and boost p ressure.

1
| Mean 
iSpeed 
rev/min.

Mean
Rack
V o l t s

Steady S ta te  Gains 

g l l  g l2 g21 g22

1
T y p ic a l  In t e r a c t io n s  
Speed Boost g l 2 g 21 

g l l  g 22

1000 4.4 8.8 1 .0042 .013 0.0021 1.8 0.05

5.4 6 4.5 .01 .025 0.0132 4.2 0 .30

1200 4.4 10.8 -1 .0 .006 .025
-0.0013 1 . 1 -0 .0214.7 1.4 . 006 .02

5.4 5.9 6.2 .01 .041
0.0144 2.8 0.318.3 8.15 .013 .045

1600 4.4 12.5 -2 .7 .008 .036 -0.003 0.95 0.06
17.7 -4 .3 .011 .032

5.4 10.2 -4 .4 .013 .055

CMO01 0 .9 -0 .04
-2 .5 .081

2000 3.4 29.6 -16 .011 .05 -0.0055 0.38 -0 .08

4.4 19.5 -17 .013 .048 -0.0049 0 .6 -0 .12
-10 .067

5.1 10.7 -5 .015 .05 -0.0053 0.92 -0 .15
8.3 -8.1 .0155 .09

2200 4.4 18.9 -26 .014 .07 -0.01 0.47

_____________

-0 .27

o r. cj mg/shot k mm At
Ki rev/ min 2 bar boost

Typical changes in reference values as s u m e d  to be 500 rev/min
and 0.3 bar boost.
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TABLE 6 .1  E f f e c t  o f  In t e r a c t io n  a t  Steady S t a t e :
feedback c o n t ro l  o f  speed and boost pressure.

1--------------
Mean

Speed
rev/min.

Mean
Rack
V o l t s

Steady S ta te  Gains

9 11 g 12 g21 g22

—  

T y p ic a l  In t e r a c t io n s  
Speed Boost g l2 g21 

9 11 g 22

1000 4 .4 8.8 1 .0042 .013 0.0021 1.8 0.05

5 .4 6 4.5 .01 .025 0.0132 4.2 0.30 j

1200 4.4 10.8 -1 .0 .006 .025 -0.0013 1 . 1 -0.0214.7 1.4 .006 .02

5 .4 5.9 6.2 .01 .041
0.0144 2.8 0.318.3 8.15 .013 .045

1600 4.4 12.5 -2 .7 .008 .036 -0.003 0.95 0.06
17.7 -4 .3 .011 .032

5.4 10.2 -4 .4 .013 .055 -0 .025 0 .9 i o o

- 2 .5 .081

2000 3.4 29.6 -16 .011 .05 -0.0055 0.38 -0 .08

4.4 19.5 -17 .013 .048 -0 .0049 0.6 -0.12
-10 .067

5.1 10.7 -5 .015 .05 -0.0053 0.92 -0.15
8.3 -8 .1 .0155 .09

2200 4 .4 18.9 -26 .014 .07 -0.01 0.47

_______ L

-0.27

_______ i_

-  o . f|S mg/shot mm At
Ki rev/ min 2 bar  boost

Typical changes in reference v a l u e s  assumed to be 500 rev/min
and 0.3 bar boost.



TABLE 6.2 Steady State Interaction Effects with Feedback Control of Engine Speed and 
Air-Fuel Ratio.

1
Mean 
Speed 

(rev/ min)

Mean
Rack
V o l t s

------------------------------------- r~
Feedback 

ga ins  * *

K1 K2

Steady S ta te  Gains 

g l l  9 12 g21

* *

g22

T y p ic a l  + 
in t e r a c t i o n s

Speed AFR

I I 

9 12 g21 

g l l  g22

1200 5.4 0.65 3 6 4.5 -0.11 0.7 .0062 - l . i -0 .123

1600 5.4 0.65 3 10.2 -3 .5 -0.21 0.75 -0 .0028 -1 .2 0.096

2200 4.4 0.65 3 19 -26 -0 .27 0 .9 -.0082

CO?

0.416

1200 5.4 0 .02* 3 6 4.5 -0.11 0 .7 -0.21 o . 2 -0 .123

1600 5.4 0.02* 3 10.2 -3 .5 -0.21 0.75 0.10 0.38 0.096

: 2200 4.4 0.02* 3 19 -26 -0 .27 0 .9 0.47 0.43 0.416

* * Gains in  terms o f  f o l l o w in g  u n i t s :  rev/min. AFR, mg' shot. mm tu rb ine  area ac tu a to r movement.
f T y p ic a l  in t e r a c t i o n s assuming changes in  r e fe r en c e va lues o f  500 rev/min and 3 AFR. Actuator

sa tu ra t io n  ignored .

Without speed govern ing .
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Table 7.1 Typical values of tenas in Equation 7.1: peak torque condition 
with 2-apeed governor

Ter* Description Steady State Value

Response of F.I.E. speed to 
engine speed.

1.0

kj Change in fuelling with 
speed

gjj Engine speed response to 
fuel 1ing

0.4* max.fuel/* rated speed
( 0.0  0 . 6 )

0.R* rated speed/* max.fuel
(0.6 - 1.0)

H Actuator pressure response 
to boost.

1.0

Actuator rod response to 
boost

g22 Boost response to actuator
rod

gj2 Speed response to actuator 
rod

f2j Boost response to fuelling

5* turbine area restriction/
* change in boost (absolute)

(2.5-10)

0.5* change in boost (abs)/
* restriction (0.4 0.6)

0.03* rated speed/* restriction 
(0.020.04)

1.4* boost change (abs)/
* maximum fuel (1.3 - 2.0)
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Table 7.2 Steady state transfer function gains at rated engine speed.

Tera Steady State Gain Dimension

(11 0.8 (0.6 to 1.0) * rated speed 1% maximum fuel

(12 -0.05 (0.035 to -0.05) * rated speed/* turbine area

(21 1.0 (0.8 to 1.2) * boost change (abs)/* maximum fuel

(22 0.35 (0.3 to 0.45) * abs. boost pressure/* turbine
area



TABLE 8. 1 Scaling Applied to Steady State Voltage Gain Matrix

! Engine 
Speed

Rack
Position
(volts)

Steady State 
Gain Matrix 

G(O)

Output Input
Scaling Scaling

S S .
0 1

Diagonalised 
Gain Matrix 

G*

1200 5.4 1.15 0.02 | r 0 .87 0  ]  f i r i 0 . 4 7 ]

1.95L 0.14 j ! 0 L

OvOCNO

2 7 .5j 0 .5
L

1

1600 5.4
r

1.5 0.015"! r 0.67 0 1 Ì1
1

0
r
. 1 - 0 . 2 4 "

2.0L 0.33 J 0 0.125J L0 2 4 .2j l 0.25 1 j

2000 5.1 r l . l 5 -0.0451 r 0 . 87 0 1 1 1 0 1 r i - 0 . 43"

; 2.23 0.5 0 0.18 ! 0 11 , 0 .4 1 i
L J J L J L J

■>
1200 4.4 1 1.57

;
-.0025 0.69 0 1 1 0 1 11 -0 .15

, 1.08 .067 , 0 0.16 ¡0 93 ; 0.17 1 ;

l_____________

L

1—

J L J L J L

J



TABLE 8.2 VALUES OF PRECOMPENSATOR MATRIX WHEN SQ is Fixed.

Engine
Speed

Rack
P o s i t i o n  (V)

s
0

G *  s . 
1

(G*S.
1 - 1 s - 1

O

1200 5.4 TO.8
1

0 r i . i s 0 .5 5 "1 !~ 1-15 -0 .16  r 1. 15 0 1

; 0 L 0 . 18j 1.95 3.85 J 1 -0 .58 0. 34 J [_ 0 5 .5 5j

1600 5.4 T o . 8 0 r i . 5 - 0 .3 6 il P 0-63 0.028_' ^1 .15 0 ]

L° 0.18
j

^2.0 8.0 -0 .1 6L 0.12 j  [ 0 5 . 55J

2000 5.1 r 0 .8 o ' r i . l 5 -0.4951 r 0 . 7 4 0.067] r  1.1 5 0 1

L° 0.18_ u2.23 5.5
J L - 0 . 30 0.155 j 0 J L 5.551-i

1200 4.4 [ 0 . 8 0 1 r i . 5 6 -0 .25  1 F 0.62 0 . 023 ]  [ 1 . 1 5 0 1

L°
1

0.18 1— 0 CD 6 .7  j L - o . 10 O I— O 5 .5 5j



Engine
Torque

Figure 1.1 Idealised steady state scheduling of 
turbine inlet area



Figure 2 1 Comparison of various diesel engine sampled -  

data torque models.



Figure 2.2 Frequency spectra tor a) acontinuous system and 
b) the same system after pulse sampling



Figure 2. 3 Time delay in response of engine speed 
to throttle movement.



Figure 3.1 Block diagram of example multi-input 
multi-output system
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transducer

Figure 3.2 SI SO system with output noise and 
variations in plant behaviour.

Figure 3.3 Block diagram of MIMO system in
matrix form.
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Figure 3.2 SI SO system with output noise and 
variations in plant behaviour.

Figure 3.3 Block diagram of MIMO system in
matrix form.



Same array with Gershgorin discs shown

(System is diagonally dominant since discs exclude
origins)

Figure 3.£ Example of inverse Nyquist array with 
Gershgorin discs shown.

’



Figure 3.5 Bode diagrams of a firs t order system with time 
delay.
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Figure 3.6 Engine-dynamometer system.

dynamometer
characteristic

Figure 37 Engine-dynameter system with 
load characteristic.

Are



Figure 3 8 Transfer function diagram of system with 
fuel injection characteristics included.
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speed response (calculated)



■* supply line pressure at start of transient

Figure 3 11 Dynamometer control system time delay 
against hydrostatic supply line pressure.
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Figure 4.1 Diagram of engine and dynamometer with positions 
of transducrs and actuators indicated
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Figure U. 3 Windage characteristics of dynamometer
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Figure 4.4 Dynamometer load pressure response to step changes in demand voltage, 
from results of Campbell (74)



Figure ¿5 Diagram of turbine area control linkage
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Figure 4.6 Thermocouple signal conditioning response
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Figure ¿.8 Removal of actuator response from 
frequency response measurements
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Calculated break frequency (Hz)

fb = I5(n-k)rm [where (n-k)= 16)

Figure 5.A Measured break frequency of speed response 
against calculated value
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Figure 5.5 Engine speed response to turbine area perturbations
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Figure 5 16 Schematic structure of d m e p response
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Figure 5.18 Boost pressure response to rack perturbation at 
different engine loads
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Figure 5.20 Steady state gains: boost response to rack
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Figure 5 22 Boost steady state gain against dimensionless mass flow 
(fuel rack perturbation)
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Figure 5.23 Effect of engine speed on boost response to 
turbine area.
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Figure 5.1 Trcnsfer function diagram of a turbocharged diesel engine 
with VG turbine and seperate feedback control of 

engine speed and boost pressure



Engine* at 1200 rev/min 
h igh  load c o n d i t io n .

Figure 6.2 Nyquist plots of transfer function matrix
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Engine o p e r a t in g  at 
1200rev/m in, h igh  load.

C 5 t ©

I n l e t  and ou tput voltages*^ 7" f
s c a le d  t o  a vo id  s in g u la r i t y !  
and a c h ie v e  near dominance '

- 0 .4 -

A c tu a to r  responses 
removed from engine 
t r a n s f e r  fu n c t io n s .

Figure 6.3 Nyquist array after scaling inputs



Precompensator m atr ix  
d es igned ,  using ' a l i g n '  
a lgor ithm., t o  g i v e  b es t  
d iagona l dominance at 
3.3 Hz.

- 1 0  - -

Input and output 
s ig n a ls  sca led  to  
a vo id  s in g u la r i t y .

Ac tua tor  responses 
removed.

Figure 6.A Nyquist array with scaling and optimal precompensator.
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Figure 6.5 Nyquist array expanded near critical point 
(Gershgorin discs shown)



Figure 6.6 Closed loop Nyquist plots of system with 
scaling and precompensator



Air-fuel ratio feedback gain 
(mm actuator movement per AFR)

lines indicating limits of stability
lines indicating safe stability margin 
region of desired feedback gains

2200 rev/min medium load ( TL11 engine) 
toad inertia is that of engine, flywheel 
and dynamometer.

Figure 6.7 Regions of stability in the gain plane with air-fuel 
ratio as the second variabte (max. speed )



Air-fuel ratio feedback gain 
{mm actuator movement per AFR )

•lines of instability 
-  —  -lines indicating safe stability margin 

regions of desired feedback gams

1200 rev/min high load (TL11 engine) 
load inertia is that of engine, flywheel 
and dynamometer

Figure 6 8 Regions of stability in the gam plane with air-fuel 
ratio as the second variable (peak torque)



speed sensor

Figure 6 9 Transfer function diagram of engine with scheduling 
of turbine inlet area according to engine speed.



Engine
Torque

Figure 71 Turbine inlet area schedule when
actuator is operated by boost pressure
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Figure 72 Assumed govenor response compared with 
response measured for similar f.i.e pumps
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lines indicating instability 

lines of safe stability margin 

region of desired feedback gains

Actuator responses normal 
Turbocharger inertia standard

Figure 7.3 Stability region in the gain plane
peak torque condition without speed governing
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Figure 7 U Stability region in the gain plane: maximum 
speed, showing effect of load inertia.



With

Turbine area actuator response improved 
(10Hz band width with digital control)
Load inertia (total) is 2 5 times engine inertia.

Figure 7.5 Stability in the gain plane maximum speed
governing showing effect of turbocharger inertia.



Lines of instab ility

Turbine area actuator response improved 
Load inertia (total) is 25 times engine inertia 
Lines B~B indicate ¿0% reduction in t/c  inertia

Figure 7 6 Stability region in the gain plane: peak 
torque condition with speed governing
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Figure 8.1 How diagram showing main features of controller program



—  analogue control 

-----digital mv control

Figure 8.2 Step responses with analogue and digital control
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F ,gure 8.3 Step responses effect of min. a ir- fu e l ra tio



Vibration Crankshaft Flywheel
damper ~  0-2 kgm* ~2-75kgm

Torque Dynamometer
transducer rotor — 007kgm

Deviations 
from steady -<

torque T<
state values speed n£ n s n<»

angular 
. displacement 0E 9 , 9 d

Figure A 3 I Diagram of engine-dynamometer torsional system
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Figure A3.2 Effect of shaft stiffness on calculated d.m.e.p. 
response at 1200 rev/min.
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Figure A3.3 Effect of shaft stiffness on calculation of 
d.m.e.p. response at 1600 rev/min.


